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ABSTRACT

This paper describes the development of a simulation
model using TRNSYS of a building integrated ground
source heat pump with a cold phase change material
thermal energy storage unit in a lightweight commer-
cial building located in Marseille, France. The de-
velopment of the overall system model involved the
construction of individual models to simulate various
components in the building, including a PCM tank, fan
coil units, pumps, an air handling unit and the heat
pump. The construction of each of the models is dis-
cussed, as well as validation and incorporation of each
component into a system model.

INTRODUCTION

Motivation

Energy storage is a focus of many electrical utilities
presently. The use of more renewable energy (espe-
cially solar and wind energy) can lead to an imbal-
ance between demand and supply. This imbalance can
be managed by producing and storing thermal energy
when there is excess supply, and using the stored en-
ergy when there is high demand. Arce et al. (2011)
showed that the use of thermal energy storage (TES)
could lead to a potential electrical load reduction in the
EU of 7.5% with an expected CO; reduction of 5.5%.
Ice TES is commonly used in the USA. Braun (2007b)
describes a method of charging and discharging an ice
TES system that realises savings within 2% of the the-
oretical maximum possible savings. This leads to sav-
ings that can be as high as 60% compared to chiller
priority control, with typical savings between 25% and
30% (Braun, 2007a). Chaichana et al. (2001) showed
cost reductions of 55% with full ice storage compared
to a system without TES.

Ground source heat pumps (GSHPs) have an estab-
lished market in Scandanavia, Germany, Austria and
Switzerland. For example, in Sweden, 18% of heat-
ing systems in family homes are GSHPs (Forsén and
Nowak, 2010). More recently, there is evidence of
strong growth of this sector in several other European
markets, especially the UK and France (Forsén and
Nowak, 2010). Although the use of GSHPs is increas-
ing in northern France, it is still less common for them
to be used in southern France or indeed other Mediter-
ranean climates. GSHPs have been shown to offer
many advantages compared to other space condition-
ing systems. Approximately 1.4% of residential heat-

ing in Europe is provided by GSHPs, saving around
0.7% of greenhouse gas emissions compared to a tradi-
tional heat mix defined as 50% gas, 30% oil, 10% solid
fuel and 10% electricity (Bayer et al., 2012). Blum
et al. (2011) calculated that one GSHP can reduce the
yearly CO, emissions of an average person by 20%.
There are drawbacks to the installation of GSHPs, in-
cluding high capital costs and invasive installation pro-
cedure as well as underperformance of heat pumps due
to incorrect system design (Boait et al., 2011). De-
spite the high capital cost, Bolling and Mathias (2008)
showed GHSPs to have the shortest payback compared
to three other heating and cooling systems in five dif-
ferent US cities. The other systems studied were: a
high efficiency furnace and electric air conditioner; an
absorption air conditioner and direct electrical heat-
ing; and a thermally driven heat pump. This shows the
advantage of GSHPs over other technologies in situa-
tions where heating and cooling loads co-exist.

The two technologies mentioned above — GSHPs and
TES - deal with the electricity storage issue, and the
need for efficient combined heating and cooling tech-
nologies. However, there is little research in the litera-
ture into integrated GSHP and TES systems or into the
optimisation of such a system. This highlights a need
for the study of integration and optimisation issues re-
lating to these systems.

The objective of the current paper is to describe the
construction and validation/calibration of the compo-
nent models needed to create a model of a building,
with a GSHP, phase change material (PCM) TES and
other components. The individual component mod-
els need to be as accurate as possible over the full
range of operating conditions to allow for future devel-
opment of system operational optimisation algorithms
and controls.

Literature Review

Latent heat TES has many advantages over sensible
energy storage including: a small temperature operat-
ing range, a low input temperature (for heat storage)
and a lower weight per unit storage capacity (Abhat,
1981). Numerical models for PCM TES in a packed
bed of spherical capsules have been formulated by nu-
merous researchers. Many of these models are based
on the enthalpy method (Voller, 1987) and model the
PCM as a lumped capacitance system. They have also
included effects such as subcooling (Bédécarrats et al.,
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2009b), internal resistance (Regin et al., 2009), ax-
ial convection (Beasley and Clark, 1984), hysteresis
(Bony and Citherlet, 2007).

There are various methods to model cooling (and heat-
ing) coils. The coils are effectively cross flow heat
exchangers and the equations for such systems are
well defined. The problem becomes more complex
when there is dehumidification involved. Techniques
for solving wet-coil heat transfer are mentioned by
Stoecker and Jones (1982) and ASHRAE (2008).

For many heat pump models, dynamic phenomena are
neglected. There are two main ways of modelling heat
pumps — one common way is to use a correlation from
manufacturers catalogue data or a curve-fit model, as
seen in Albieri et al. (2009), while the second is to con-
struct a heat pump model from basic thermodynamic
equations, as used by Badescu (2002); Chargui et al.
(2012). Curve-fit models are usually less accurate over
a wide range of operating conditions, while thermody-
namic models require detailed knowledge of the indi-
vidual heat pump components.

BUILDING DESCRIPTION

The building that is being modelled as part of this re-
search is a commercial building with office space of
250 m? and a workshop with an area of 88 m?. A
schematic representation of the building can be seen
in Figure 1.
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Figure 1: Plan view of the building being modelled
with FCU location.

The building is located close to Marseille in the south
of France. The design temperature in Marseille for
heating is -1.3 °C while for cooling it is 30.9 °C
(ASHRAE, 2005). The building is heated and cooled
using a tandem compressor GSHP with a capacity of
26.3 kW in heating mode and a capacity of 25.9 kW
in cooling mode. Considering Figure 2, the building
loop consists of two decoupled networks; the primary
network consisting of the heat pump, a buffer tank and
a decoupling tank while the secondary network is fed
from the decoupling tank and includes the Fan Coil
Units (FCUs) which heat/cool the individual rooms.

There is a second circuit that consists of a small heat
pump with 4.2 kW cooling capacity. This heat pump

is used to supply cooling to a tank containing encap-
sulated PCM with a melting temperature of 0 °C. This
PCM is then used to supply cooling and dehumidifica-
tion to an air handling unit (AHU) during the summer.
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Figure 2: Hydronic circuit.

COMPONENT MODELLING AND
CALIBRATION/VALIDATION
PCM Tank

The installed PCM tank is cylindrical, with a volume
of 0.5 m3. It is filled with capsules of 98 mm diameter
that are moulded from a blend of polyolefins and filled
with a PCM with a melting temperature of 0 °C.

The PCM tank model is a modified version of a nu-
merical analysis published by Regin et al. (2009). This
numerical analysis has the following assumptions:

e There is no radial variation of temperature or
flow.
There are no heat losses from the tank.
The tank is split into N nodes, each of which
has uniform heat transfer fluid and PCM tem-
peratures.

e Specific heats and other fluid properties are con-
stant with temperature.

e There is no internal heat generation and no radi-
ant heat transfer.

An energy balance on a section of the tank with length
dx (Figure 3) can be seen in Equation 1.

[ > % >
T T %Tf +dT,
dx

f, out

Figure 3: Representation of tank with element of
length dzx.

mypcp,r (Ty +dTy) —migep ¢ Ty +
UAl (Tb—Tf)dCC:O (1)

Where A; is the surface area of the capsules per unit
length. This equation is rearranged as:
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dT UA
= (T =T @)
T mgCp,f

Integration of this equation over a finite control vol-
ume, 4 of length [ /N yields:

Triv1 = Toi + (Tyi — Tyi) exp < .UAS ) (3)
mygCpf

Using this equation, the outlet temperature from a
node can be calculated if the inlet temperature of the
heat transfer fluid (HTF) and the temperature of the
PCM capsules are known.
The enthalpy change of the bed over a time-step At
can be written as:

(hpt = hyy) py (1 — ) Al =
(UA,) At (TF, — T3) 4)

From this equation, the change in enthalpy of the PCM
for the next time-step can be calculated. To calcu-
late the temperature of the PCM, the melting point of
the PCM is assumed to occur over a finite temperature
range, T}, ; to T}, ;. The latent heat of fusion is spread
linearly over this temperature range. This can be seen
in Figure 4.

Enthalpy (kJ/kg)
Latent Heat

Tl Tmh
Temperature (°C)

Figure 4: Latent heat of PCM spread over a finite tem-
perature difference

It was required that this model would be as computa-
tionally simple as possible. Therefore it was decided
not to include an internal resistance model. The ab-
sence of such an internal PCM resistance model ne-
cessitated the addition of a compensation factor to the
HTF Nusselt number, so that the calculated rate of heat
transfer to/from the PCM was correct.

The approach outlined by Regin et al. (2009) was not
validated, therefore it was decided to use results found
in the literature for validation and calibration. Experi-
mental results published by Bédécarrats et al. (2009a)
were used as they were from a similar setup to the in-
stalled tank. The tank had a volume of 1 m® compared
to 0.5 m3 while the PCM had the same melting tem-
perature and was encapsulated in spheres of a similar
diameter — 77 mm compared to 98 mm. The heat trans-
fer fluid for both was a mixture of glycol and water

and the experiments were performed at temperatures
and flow rates similar to the design conditions for the
installed system. Comparisons against the results pub-
lished by Bédécarrats et al. (2009a) can be seen in Fig-
ures 5, 6, 7 and 8. In these figures, the experimental
results published by Bédécarrats can be seen in black,
while simulated results are coloured.

Figure 5 shows that the inlet temperature of the HTF
can have a large impact on the time it takes the tank to
charge fully. A reduction in the temperature of 2.3°C
from -3.8°C to -6.1°C has the effect of almost halving
the charging time.

Flow mate = 2.4 mn”' m—  Experimental Results
Simulated Results -3.8°C
———  Simulated Results -5.0°C

= Simulated Results -6.1 °C

Temperature (°C)

-38tc
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Figure 5: Tank Charging - Comparison of outlet tem-

peratures for 3 inlet temperatures: -3.8 °C (green), -5

°C (blue) and -6.1 °C (red). After Bédécarrats et al.

(2009a).

In Figure 6, the effect of an increasing HTF flowrate
can clearly be seen, decreasing the time taken to fully
charge the tank from 18 hours to 11 hours as the flow
rate increases from 1.1 m3/h to 2.5 m3/h.
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Figure 6: Tank Charging - Comparison of predicted
outlet temperatures and charging times for different
HTF flow rates. Tinjer —6.2°C After Bédécarrats et al.
(2009a).

Figures 7 and 8 show plots for the discharging of the
PCM tank. These figures show less error than those
for charging of the TES tank as there is less complex-
ity inherent in the discharging process. This is due
to the combined effect of the lack of PCM subcool-
ing, coupled with a reduced internal PCM resistance
as the liquid outer layer on melting has a lower ther-
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mal resistance than the solid layer when charging due
to convection.
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Figure 7: Tank Discharging - Comparison of out-
let temperatures for 3 inlet temperatures: 10.3 °C
(green), 7.1 °C (blue) and 5.1 °C (red). After
Bédécarrats et al. (2009a).
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Figure 8: Tank Discharging - Comparison of predicted
outlet temperature for different HTF flow rates. After
Bédécarrats et al. (2009a).

Good agreement with experimental values is shown
in all cases, with slightly more error for cooling than
heating. The maximum error in simulated outlet tem-
perature under steady state conditions is 0.64 °C,
while the total simulated charging time of the tank has
a maximum error of 10.6%. At a steady inlet temper-
ature, the RMS error in outlet temperature for a full
charging or discharging cycle varies between 0.15 °C
and 0.37 °C for the different inlet conditions, with an
average value of 0.24 °C for heating and 0.27 °C for
cooling.

Fan Coil Units

The FCUs were modelled using a correlation from
software provided by their manufacturer. The origi-
nal software was used to calculate the sizing of units
for customers. Using this software, a table of data for
various operating points was established.

Using this table, a correlation for the U A value of the
heat exchanger was established in the following for-
mat:

UA = C1Mgir + CoMayater T C3Mair Maater +C4 (5)

The heat transfer in the FCU was then calculated us-
ing the NTU-effectiveness method, where the effec-
tiveness, ¢, is defined in Equation 6 for a cross flow
heat exchanger with both fluids unmixed.

N 0.22
e=1—exp <T (exp (—CTNTUOJS) _ 1))
(0)
Where NTU is the number of transfer units =
UA/Cpin. Cmin is the lower heat capacity rate, while
(. is the ratio of C,,,;, to C) 0. The heat transfer and
outlet temperatures from the FCU can then be calcu-
lated.
The UA value for a heat exchanger is a function of the
heat exchanger itself and the flow rate of the air and
water through the heat exchanger. As the UA value for
the heat exchanger is independent of the temperature
of the two fluids, this correlation for the UA value of
the heat exchanger was calculated using values of the
FCU in heating mode, with an inlet water temperature
of 40°C.
The fan power of the FCUs and the pressure drop of
the water through the FCU were calculated similarly,
with the power being a function of air flow rate and
the water pressure drop being a function of water flow
rate:

Pfan == elmzir + eQmair +e3 (7)

AP = dlmfuater + d2mwater + d3 (8)
A plot of the UA value against air and water flowrate
can be seen in Figure 9. The average error between
the correlation and the data points is 3.5%. The accu-
racy of the model could have been improved slightly
by adding rn? terms to Equation 5, but as the error is
low, it was decided to leave it as it is for computational
simplicity.
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Figure 9: FCU U A Correlation with Mass Flow Rate

for Heating

A separate model using the same technique was used
for cooling, with a piecewise linear method used to

- 3339 -



Proceedings of BS2013:

13th Conference of International Building Performance Simulation Association, Chambery, France, August 26-28

calculate the fan coil heat transfer with latent be-
haviour under dehumidification conditions. This can
be seen in Figure 10.
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Figure 10: FCU piecewise linear approximation fitted
to manufacturer’s data points.

This method assumes that the heat transfer in the FCU
remains constant below a certain humidity, marked as
“C” in Figure 10, and then increases linearly, with
slope m.

It was further assumed that for the narrow temperature
operating range of the FCU (approximately 20 — 25
°C), C and m are only dependent on the constant heat
transfer rate that occurs at lower humidity. A plot of
heat transfer against inlet humidity ratio for various air
and water temperatures can be seen in Figure 11.
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Figure 11: FCU heat transfer for varying humidity.

To calculate the outlet temperature, it was assumed
that the cooling of the air would follow an idealised
cooling with dehumidification curve. This curve as-
sumes a uniform air temperature as it passes over the
coil. The heat transfer for various humidities is calcu-
lated with an average error of less than 5.5%.

Air Handling Unit

As with the FCUs, software from the manufacturer
was available to model the coils in the AHU. In the
AHU, there are two different coils — one for heating
and one for cooling — so different correlations needed
to be determined for heating and cooling. The cooling
coil is being supplied from the PCM tank and is mainly
used for the purpose of dehumidification — the coils

are not finned and therefore the sensible heat transfer
is low.

The air mass flow rate is constant (714, = 600 kg/h),
so the heat transfer is dependent on the inlet temper-
atures of water and air (T}, ,, and T}, ,), the relative
humidity (RH) and the water mass flow rate (. qter)-
Because the cooling coil was optimised for dehumid-
ification, the idealised cooling with dehumidification
process described previously for the FCUs could not
be used in this case, as the assumption that the air
would be at a uniform temperature would be invalid.
Therefore, a new variable, ¢, was defined to be the
ratio of the total heat transfer from one kilogram of
the air to the change in dry bulb temperature of the air.
A correlation for ¢, was calculated from the manufac-
turers data. This correlation assumes that the water
in the AHU coil is at a constant temperature, which
is an acceptable assumption as the temperature differ-
ence between the water and the air is quite high (AT
ranges from approximately 15 to 35 °C).

The correlation was calculated using a regression anal-
ysis and the error was calculated for a set of data points
representing the operating range of the AHU. This er-
ror was calculated to be an average of 3.6%.

Pumps

There are 5 different pumps in the system. Each of
them is a variable speed unit, and adjusts it’s speed
so that a constant pressure across the system is main-
tained.

The pump correlations were created from the graphs
supplied in the manufacturers’ data sheets. The de-
scription below uses values and data from the Grund-
fos Magna 25-60 pump but the methods were similar
for all of the pumps.

The only data that was available for the pumps were
the performance curves from the manufacturer’s data
sheets (see Figure 12). In order to effectively model
the pump, an equation for power in terms of flow rate
for the each pressure drop was determined. It was as-
sumed that the curves could be accurately modelled
using a quadratic equation (Equation 9).

Py = ap@Q® +b,Q +cp )

Power (W)

N A
Flow Rate (kg/h) x10°

Figure 12: Fitted Curves for Magna 25-60.
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When this equation is evaluated for each of the values
for head, and superimposed on the original curves, it
yields the result shown in Figure 12.

A single expression for power in terms of head was
calculated by performing a regression analysis on ay,
by, and ¢, which leads to an equation of the form:

P = (a1h+a2)Q?+ (bih+b2)Q + (c1h+¢2) (10)

The coefficients a;, as, by, ba, ¢c; and co are found
by fitting trend lines to a plot in EXCEL of the coef-
ficients ay, by, and cy. Using these correlations, the
overall pump equation becomes:

P = (—0.1493h + 1.3468)Q° + (11)
(3.3186h — 3.1234)Q + (8.1055h + 1.1927)

Using this correlation to plot the power for the original
values of head, the result can be seen in Figure 13.
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Figure 13: Fitted Curves for Magna 25-60 using cor-

relation.

This correlation will then work at any value for head
and flow rate within the range of study. If the calcu-
lated power is above 87 W (P,.x) the power is then
set to Pp,ax. The correlations for the other pumps were
calculated using the same method. As with the first
pump where the highest RMS error has been calcu-
lated as 1.76 W for a pressure drop of 1 m, the errors
are minimal compared with the level of data available.

Ground Source Heat Pump

Data was available from the heat pump manufacturer
for over 3000 operating points. This allowed a corre-
lation to be constructed that would cover the full oper-
ating range of the heat pump (Equation 12).

P = C1 mevap + C2mcond + C3T62vap + C4Tevap
+e5T2 pa + C6Teona + 7 (12)
Table 1 shows the error for the three correlations de-

scribed in Equation 12 where the variable P signi-
fies the heat transfer in the evaporator (Feyqp), the

heat transfer in the condenser (P.,,q) or the electrical
power consumed by the compressor (Peopmp)-

Table 1: Error in correlations

’ \ Standard Error (%) ‘
Peyap (1 Comp) 1.23
Peyap (2 Comps) 1.36
P.ona (1 Comp) 0.99
P,ona (2 Comps) 1.15
Peomp (1 Comp) 0.31
Peomp (2 Comps) 0.50

The COP of the heat pump can be seen in Figures 14
and 15.
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Figure 14: COP of the heat pump at the design tem-
peratures: Tyonqg = 35 °C and Teyqp = 15 °C.
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Figure 15: COP of the heat pump at the design flow
rates: Meond = 4500 kg/h and meyqp = 3800 kg/h.

Figure 14 shows how the COP varies at constant in-
let temperatures, while Figure 15 shows the COP of
the heat pump as a function of the inlet temperature.
It can be seen (note the magnified COP axis in Fig-
ure 14) that while the mass flow rates through both the
evaporator and the condenser have little effect on the
COP, the inlet temperature on both sides can have a
substantial effect on the COP of the heat pump.

Building Model

The model of the building was created in the TRN-
SYS plugin for Google SketchUp. The building was
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split into 19 thermal zones, with each room being its
own zone. An image of the SketchUp model of the
building can be seen in Figure 16.

Figure 16: Google SketchUp model of the building.

A calculation of the loads on the building was per-
formed. These loads were calculated zone by zone on
an hourly basis. From these values, the total monthly
loads were calculated. These can be seen in Figure 17.
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Figure 17: Monthly heating and cooling loads on the
building (kWh).

The values in Figure 17 equate to an annual cooling
load of 4.4 MWh and heating load of 10.8 MWh, or
total annual thermal consumption of 64 kWh/m?. The
equivalent values calculated by the company that owns
the building show good agreement at 3.6 MWh, 11.0
MWh and 61 kWh/m? respectively.

Incorporation into TRNSYS

The TRNSYS simulation studio has a standard library
of components. This can be added to by writing a pro-
gram in C++ or FORTRAN and compiling it to create
a new component. Each component has a predefined
number of inputs, parameters and outputs. Inputs are
values that will be read at each time-step of a simu-
lation, and are often the outputs of other components.
Parameters are values that can be adjusted from simu-
lation to simulation but stay constant for the duration
of the simulation. Outputs are values that are calcu-
lated during every time-step of a simulation and usu-
ally depend on the values of the parameters and inputs.
An output of a component can be the input of another
component for that time-step.

Each system component described above (PCM tank,
GSHP, FCU, AHU and pumps) were programmed as

separate TRNSY'S components and integrated with the
building model to create a complete system model.

CONCLUSION

This paper presents the creation of validated TRNSYS
models of an encapsulated PCM TES tank, a tandem
compressor GSHP, an FCU, an AHU and a number of
pumps. The heat pump, FCU and AHU were validated
against data points provided by the manufacturer of
the components and all showed reasonable agreement
with these values.

The PCM tank was validated against experimental val-
ues from the literature and shows a very acceptable
level of error. The pumps were compared to the man-
ufacturer’s data curves and show little deviation from
these plots.

The FCU model used a novel method to calculate the
heat transfer in the heat exchanger when there is dehu-
midification of the air. This involved a computation-
ally simple solution that was relatively accurate over
the FCU’s limited operating range.

For the AHU, a different solution had to be obtained
due to the larger variation in inlet air temperature. This
led to the definition of an equivalent heat capacity,
which was used to calculate the sensible and latent
cooling to an acceptable degree of accuracy.

These validated models are used to form an accurate,
yet computationally simple model of a building in a
Mediterranean climate with GSHP, and PCM TES.

NOMENCLATURE

Abbreviations
AHU  Air Handling Unit
FCU Fan Coil Unit
GSHP  Ground Source Heat Pump
HTF Heat Transfer Fluid
HVAC Heating, Ventilation and Air-Conditioning
PCM  Phase Change Material
TES Thermal Energy Storage

Symbols

A Cross sectional area of tank (m?)
A;  Surface area of capsules per unit
length of tank (m)
Surface area of capsules per node (m?)
Specific heat capacity (kJ/kgK)
Specific enthalpy (kJ/kg)
Length of tank (m)
Mass flow rate (kg/h)
Number of nodes in tank
Power (kW)
Rate of heat transfer (kW)
Volumetric flow rate (m3/hr)
Relative humidity (%)
Temperature (°C)
Overall heat transfer coefficient (W/m?K)
Voidage fraction of bed or heat
exchanger effectiveness
Density (kg/m?)

)
'su:}

”’Q’%%@‘”‘UZS'NF

B
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Superscripts and Subscripts

b PCM bed
comp compressor
cond condenser
evap  evaporator

f heat transfer fluid

i spatial location in PCM tank

n temporal stage of simulation
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