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During the last few years, a new displacement air 
distribution system with /ow-velocity air supplied directly 
to the occupied zone and a displacement flow in the floor
to-ce i Ii n g direction has been introduced into office 
buildings in Scandinavian countries. The purpose of this 
study was to evaluate displacement air distribution 
systems and compare their performance to the perfor
mance of traditional variable- and constant-airflow 
systems in U.S. office buildings. The loads of a typical 
large U.S. office building were calculated for four 
representative U.S. climates (Minneapolis, Seattle, At
lanta, and El Paso) with the DOE-2.1C building simulation 
program. Hourly loads and hourly weather data were 
used as inputs for new computer programs that simulated 
system performance. Energy consumption, air quality, 
thermal satisfaction, and the cost of the systems were 
calculated for three building zones (south, north, and 
core) in each climate. The displacement systems were 
simulated using results from recent laboratory measure
ments. The results indicate that displacement systems 
generally yield superior air quality and thermal comfort 
compared to conventional systems with air recirculation. 
The energy consumed by displacement systems with 
heat recovery or variable-air-volume (VAV) flow control was 
similar to the energy consumption of conventional air 
distribution systems operated with recirculation. However, 
the first cost of displacement systems is substantially 
higher than the first cost of conventional systems when 
the maximum cooling load exceeds 13 Btu!h · ft2 (40 
W/m 2) and cooling panels are required. The energy con
sumption of the traditional VAV systems was low. However, 
indoor air quality can deteriorate significantly if the com
bination of minimum supply airflow and minimum outdoor 
air entry into the air handler do not bring an adequate 
amount of outdoor air to each region of the building. 

INTRODUCTION 

Traditionally, the conditioned supply air in a commer
cial building has been mixed well with room air by special 
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arrangements of air supply diffusers with the primary goal 
of achieving uniform temperature in the space. Ventilation 
systems that mix supply and indoor air were used in virtu
ally all commercial buildings prior to the late 1970s. 
Instances and perceptions of deteriorated indoor air quali
ty have caused more attention to be paid to the distribution 
of supply air and to pollutant removal from a ventilated 
space. 

Recently, new ways to supply air have been investi
gated and introduced. The best known is the displacement 
flow system. where air that is slightly cooler than room air 
is supplied with low velocity to the occupied zone and air 
is removed at ceiling level . The major goal of this system is 
to control the environment in the occupied zone of the 
room, not necessarily in the whole space. When the supply 
air temperature is lower than room temperature (and thus 
the supply air is more dense than room air) a displacement 
or pistonlike flow pattern in the floor-to-ceiling direction is 
promoted. Displacement systems create larger vertical 
gradients of temperature and pollutant concentration than 
occur with a traditional mixing flow system. A typical con
figuration of a displacement air distribution system and 
temperatures is shown in Figure 1. 

Displacement ventilation has been used previously in 
industrial halls with large room height and heat loads with 
the intention of controlling the environment at the occupied 
level. In the late 1970s, displacement ventilation was intro
duced into other types of buildings. The majority of applica
tions are in Scandinavian countries, particularly Norway. 

Displacement ventilation systems usually supply 
100% outdoor air. This, of course, leads to better air quali
ty but may also lead to higher energy consumption than 
traditional air distribution systems with air recirculation and 
economizer cycles. However, the influence of outdoor air 
supply rates on the energy consumption of a typical office 
building with a traditional ventilation system was surpris
ingly low in a recent study (Eto and Meyer 1988). These 
findings may make 100% outdoor air systems more attrac
tive in many climates. 

The cooling capacity of the air in displacement 
systems is limited by the high supply air temperature and 
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T s == 63°F(17°C) 
T F = 68°F(20°) 

Illustration of layout, flow patterns, and temperature profile 
with displacement ventilation. TE = exhaust air 
temperature, Ts = supply air temperature, TR = room 
temperature, TF = air temperature close to floor, Er = 
temperature efficiency 

low flow rates that are chosen to satisfy comfort criteria. 
Applications with a high cooling load may require radiant 
cooling panels or other supplementary cooling devices; 
thus, displacement ventilation may have a higher first cost. 
The main differences between "mixing systems" (tradi
tional systems that promote mixing of the indoor air) and 
displacement air distribution systems have been reported 
in several laboratory studies (Skaret and Mathisen 1983; 
Sandberg 1983). The advantages of displacement flow 
patterns in removing air contaminants have also been 
shown using a two-zone model (Malmstrom and Ahlgren 
1981; Sandberg 1981). Previous reports indicate that 
displacement ventilation has many attractive features and 
may be applicable to U.S. conditions. Reductions in both 
first cost and energy costs have been reported with 
displacement systems (Mathisen et al. 1985). Most of the 
detailed performance data are from laboratory-based tests 
(Mathisen and Skaret 1983; Palonen et al. 1988). However, 
existing information has not been adequate for firm conclu
sions regarding the suitability of displacement ventilation 
in the U.S. Before any experimental work was begun, it was 
felt that simulations should be completed. This paper 
describes the methods and results of simulation-based 
comparisons of typical mixing and displacement air 
distribution systems in different climates. Energy consump
tion and indoor environmental conditions were evaluated 
using a computer simulation, and first costs were estimated 
based on published unit cost data and information pro
vided by manufacturers. 

METHODS 

Simulations 

A well-documented large high-rise office building was 
selected for the analysis. The building was placed in four 
different U.S. climates. Its loads for exterior and interior 
zones were calculated using the loads section of the 
DOE-2.1C building simulation program . The hourly loads 
and hourly weather data were then used as inputs for com
puter programs (written for this study) that simulated for 

each hour the performance of displacement and mixing air 
distribution systems. Based on the hourly heating or cool
ing loads and ventilation system data, the supply and 
return airflow rates and the room air temperatures were 
computed . These results were used to determine air 
temperatures in economizer or heat recovery systems. The 
next major set of routines computed energy usage, pollu
tant concentrations. and the percentage of occupants who 
are dissatisfied with the thermal environment. Finally, the 
operating costs for energy were computed using typical 
energy prices and the first costs of the systems were com
pared, primarily through the use of published information 
on unit costs. All calculations were completed for the 
northern, core, and southern zones of the building. 

A basic assumption in all available building energy 
simulation programs has been the uniformity of the tem
perature in each zone; thus, these programs cannot 
distinguish the differences between displacement systems, 
with larger vertical gradients in temperature and pollutant 
concentration, and systems that aim to fully mix the indoor 
air. This is the primary reason why new programs were re
quired that simulated the major properties of the systems. 
Relatively simple models for the systems were employed 
because the major goal of the project was to compare the 
performance of the systems, not necessarily to calculate 
absolute performance values. 

The calculation of vertical gradients in air temperature 
and pollutant concentration based on basic physical prin
ciples was impractical. Instead, data on the gradients were 
taken from laboratory measurements and used as inputs 
to the programs. 

Building Description and Operating Schedules 

The building model used in the simulation was 
originally developed for evaluations of revisions of energy 
conservation standards (Battelle 1983). For the present 
analysis, only one building (originally designed for the 
Washington, DC, climate) was used for the DOE-2.1C runs. 
However, the loads for two colder climates were modified 
so that the envelope of the building met the prescriptive 
criteria for federal buildings (Federal Register 1987) . 
Operating schedules were taken from the Standard Build
ing Operating Conditions developed for the Build ing 
Energy Performance Standards (U.S. DOE 1979). Systems 
were assumed to operate only between 8 and 19 hours, for 
a total of 4015 hours per year. The major features of the 
building are summarized in Table 1 and heat transmission 
coefficients of the envelope in Table 2. The building has 
been used previously in related studies (Eta and Meyer 
1988). 

Climate 

Four weather conditions were used in the simulation. 
Minneapolis represents a cold continental climate ; Seattle, 
a mild coastal climate; Atlanta, a hot and humid climate; 
and El Paso, a hot and dry climate. Heating degree-days 
with a 65°F base in the four climates, respectively, are 
8130, 5530, 3210, and 2870° F d (100,000, 63,400, 36,800, 
and 32,700°C h with a 17°C base). Cooling degree-days 
with an 80°F base in these four climates are 98, 10, 150, 
and 506°F d (3090, 502, 5240, and 12.400°C h with a 
24°C base). The hourly weather data used in the simula-



TABLE 1 
Summary of Office Building Characteristics 

Size 597.500 ft2 (55.530 m2
) 

Shape 
Exterior walls 
Giaz1ng 
Occupancy 
Internal Loads 
Heating Plant 
Cool1f"'g Plant 
Zones 

38 floors. 2 basement levels, flattened hexagon in cross section. approximately 18.000 ft2/floor (1670 m2/floori 
4 in (0.10 m) concrete. polystyrene insulation, air layer. gypsum board 
25% oi wall area. 17% ot net floor area. shading coettic1ent = 0.23 
8 a.m.-6 p.m. weekdays. with some evening work, 30% occupancy on Saturday, no occupancy on Sundays 
83 Btu: h · it2 (25.8 W/m'C) lighting; 24 Btu/h · ft2 (77 W/m 2) equipment 
Gas-fired hot water generators (eff = 75%) 
Hermetic centrifugal chillers with cooling tower (chillers· COP = 4.0) 
For estimates of loads. building divided into north. south. east. and west zones. 

t1ons were from the Weather Year for Energy Calculation 
(WYEC) series developed for ASHRAE (Crow 1981). 

Systems 

A variable-air-volume system with reheating was 
selected as a typical system for exterior zones (without 
reheating for interior zones). All simulated VAV systems had 
the economizer cycle or a heat recovery system. Constant
volume (variable supply air temperature) systems with an 
economizer or heat recovery system or with neither of these 
features were also simulated. Displacement systems had 
either temperature control of supply air and constant flow 
or both temperature and flow control of supply air. 
Displacement systems did not recirculate air; however, heat 
recovery from exhaust air was used in one system. Major 
system variables were the same for all alternatives (Table 
3). The simulated systems are described in Table 4. 

PRINCIPLES OF SIMULATION 

Loads and Sizing of Systems 

The hourly heating and cooling loads generated by 
the loads section of the DOE-2.1C simulation program are 
based on an assumption that the indoor temperature is 
constant (during occupancy) at the desired (thermostat 
setpoint) temperature. A recalculation of loads based on 
actual indoor temperatures, which vary from the setpoints 
primarily due to thermostat dead bands. was considered 
unnecessary. Descriptive data for the loads are presented 
in Table 5. Systems were sized based on the maximum 
loads and weather conditions. The maximum cooling load 
and a maximum temperature difference between room 
and supply air of 22°F (12°C) were used to select the supp
ly airflow of the mixing systems. In the displacement 
system, the supply airflow was selected based on the max
imum cooling capacity of air and the maximum allowable 
temperature difference between room (at a height of 2.6 ft 
[0.8 m]) and supply air temperatures. 

Temperature and Humidity Control 

An ideal proportional controller was assumed for tem
perature control. The proportional band was 3.6°F (2°C) 
for heating and cooling. No dead band or hysteresis were 

TABLE 2 
Heat Transmission Coefficients in Btu/h · ft2 (Wtm2 . K) 

Atlanta El Paso Minneapolis Seattle 

Exterior Walls 0 16 (0.91) 0.16 10,91) 0.125 (0.71) 0.19 (0.85) 
Windows 138(784) 1.381784) 0.81(46) 081(46) 

simulated. Room temperature was 75°F (24°C) during 
maximum cooling and 68°F (20° C) during maximum 
heating. The maximum humidity ratio for indoor air was 
0.012 based on ASHRAE's recommendations (ASHRAE 
1981a). If necessary. the supply air was cooled and re
heated in all systems to maintain the humidity below the 
upper humidity limit. No humidification was used. 

Central Equipment 

A centrifugal water chiller with a maximum coefficient 
of performance (COP) of 4 was used in all systems. The 
part-load data were taken from the DOE-2.1C system data 
(LBL 1984). The total pressure drop of the air-handling 
system and ductwork was assumed to be 7.6 IWG (1900 
Pa) for VAV systems and 3.8 IWG (950 Pa) for constant
volume systems. In VAV systems. a variable-speed fan was 
used with maximum total efficiency of 60%. Part-load 
power demand for the fans was calculated as in the 
DOE-2.1C simulation program (LBL 1984). 

CONTROL STRATEGIES 

Constant-Volume Displacement System 

The heating or cooling capacity of the constant
volume displacement of the supply air system was con
trolled by varying the supply air temperature, primarily by 
controlling the amount of cooling, but using reheat if ex
cessive cooling of the supply air was necessary for humid
ity control. The airflow was constant both in the cooling and 
heating modes. The critical performance criterion for the 
displacement system is the maximum coo Ii ng load that can 
be removed from the space without violating thermal com
fort criteria. If the supply air is too cold, the vertical temper-

TABLE 3 
Values of the Most Important System Variables 

Room temperature setpoint. °F (°C) 
Room temperature during maximum cooling load, °F 
(oC) 
Room temperature with maximum heating load, °F (0 C) 
Effective temperature of cooling coil, °F (°C) 
Total pressure drop of air-handling system and duct work 
(supply and return together) with maximum supply air 
flow. IWG (Pa} 

VAV systems 
Constant-flow systems 

Additional pressure drop ol heat exchanger for heat 
recovery, IWG (Pa) 
Maximum temperature efficiency of heat recovery 
system.% 
Maximum total COP of refrigerating system 
Maximu m total efficiency of fans, % 
Room heigh . ft (m) 

72 (22) 

75 (24) 
78 (20) 
50 (10) 

7.6 (1900) 
3.8 (950) 

0.6 (150) 

70 
4.0 
60 

9(2.7) 



TABLE 4 
Simulated Systems 

Max Cooling 
Air Design Minirru1 HeH Min/Max Supply by Air System 

' 01str 1b.Jtion Air flow Outdoor Air Recirculation Econoai i zer Elchongor flow Ru io Btu/h·lt2 (ll/m2l 

6 

8 

Q 

H 

M 

" 
M 

M 

H 

0 

0 

0 

VAY 

VAY 

VAY 

CV 

CV 

CV 

CV 

CV 

VAV 

20 cfrn (10 L/s) per acc. 

151 of supply 

20 elm ( 10 L/s) per acc. 

20 elm (10 L/ s) per acc . 

20 elm (10 L/sl per ace.•• 

20 cfM (10 L/sl per acc.•• 

20 elm (10 L/S) per acc . •• 

20 ch• ( 10 L/s) per acc."" 

20 cfm (10 L/s) per occ.•• 

y• D.J ALL 

O.J ALL 

0.J ALL 
y• 1,0 ALL 

M 1.0 ALL 

1.0 ALL 

1.0 13 (40) 

H 1.0 13 (40) 

H 0.5 13 (40) 

H = m1A.1ng flow pattern, o :: displacement HOlit ~ttern, VAV a variable flow system, CV :1 constant flow systefl 

'When the loads ere low (core 1one), the recirculation it not used in order ta 111i1iinuin the design 11ini...,. outdoor air flow dur i ng ell cond i tions. 

The actual m1ninun outdoor air flow r1u i s higher than the design 11ini-.. because of high supply flow rate r~iren.nts due to CQOl ing l oads . 

TABLES 
Heating and Cooling Loads for Each Location and Zone 

Atlanta 
Max. Avg. Max. 

North Zones 
Heating (Btu/h • rt2) 19.6 5.2 16.8 
Heating (W/m2) 62.0 16.3 53.1 
Cooling (Btu/h · rt2) 22 2 10.1 24.6 
Cooling (W/m2) 70.0 31 .9 77 5 

Core Zones 
Heating (Btu/h • ft2) 0.0 0.0 0.0 
Heating (W/m2) 0.0 0.0 00 
Cooling (Btu/h · lt2) 75 4.4 7.5 
Cooling (W/m2) 23.6 14.0 23.6 

South Zones 
Heating (Btu/h · rt2) 19 2 5 .0 16.8 
Heating (W/m2) 60.5 15.8 53.0 
Cooling (Btu/h • 112) 37.6 14.1 41.4 
Cooling (W/m2) 118.7 44 .5 130.5 

ature gradient in the space will cause discomfort. High· 
supply airflow reduces the gradient but can cause discom
fort due to drafts. 

Initial full-scale experiments (Mathisen and Skaret 
1983; Esdorn et al. 1987) suggested maxima for cooling 
loads of 6-10 Btu/h. ft2 (20-30 W/m 2). However, more 
recent experiments (Palonen et al. 1988) show that well
designed displacement diffusers can handle loads up to 
13 Btu/h ·ft2 (40 W/m2) without an increase in discomfort. 
If the cooling load exceeds this value, the simulated 
systems have ceiling-mounted radiant cooling panels to 
remove the excess heat. The maximum temperature dif· 
ference between room air at 2.6 ft (0.8 m) height and supply 
air is 9°F (5°C). With cooling loads greater than 13 
Btu/h · ft2 (40 W/m2), the temperature difference between 
room air and supply air remains constant even if the ex
haust air and room temperatures continue to increase, as 
illustrated in Figure 2. During the heating demand (mini
mum loads side of Figure 2), the supply air temperature is 
increased so that the load is met. 

Variable-Air-Flow Mixing System 

The schematic of the variable-air-flow mixing system 
is shown in Figure 3, and the control strategy is illustrated 

El Paso Minneapolis Seattle 
Avg. Max. Avg. Max. Avg. 

4.3 14.1 4.6 9 .1 3.2 
13.6 44 .5 14 4 28 7 10.0 
11.7 17.5 7.8 15 7 7 1 
36.9 55.3 24.6 49.5 22.3 

0.0 0.0 0.0 0.0 00 
0.0 0.0 0.0 0.0 00 
4.4 7.5 4.4 7.5 4.4 

14.0 23.6 14.0 23.6 14.0 

4.7 16.0 5.0 9 .1 3.3 
14.8 50.3 15.9 28 .6 10.3 
17.6 36.9 12.4 35.9 11.3 
55.6 116.4 39.0 113.2 35.7 

in Figure 4. Cooling is controlled by the supply flow rate 
until minimum flow is reached. The supply air temperature 
difference stays constant down to this point. With smaller 
cooling loads, the supply air temperature is increased (via 
less cooling and reheat if necessary for humidity control) 
and the supply flow is maintained at its minimum value. The 
supply air temperature is further increased to meet the 
heating load. The supply air temperature was controlled 
by cooling only. Reheating was used only when air was de· 
humidified by cooling to a temperature that was lower than 
the required supply air temperature. 

Economizer 

An economizer is used with most mixing systems. The 
economizer cycle (Figure 5) allows the system to control the 
use of outdoor air for better energy economy. The dampers 
controlling outdoor air. exhaust air, and return air are posi
tioned so that the desired temperature of the mixture of 
return air and outdoor air is obtained. When the outdoor 
air is very warm or cold, the minimum amount of outdoor 
air is used to conserve energy and reduce the required 
capacity of heating and cooling equipment. The minimum 
outdoor airflow meets the minimum ventilation criterion of 
20 cfm (10 Lis) per occupant even when a minimum 
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Control strategy of displacement ventilation with constant 
air flow. Er = temperature efficiency. LAIR = maximum 
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f71 = flow control damper 
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Figure 3 Schematic of variable-air-flow mixing system used in the 
simulation. T0 = outdoor air temperature, TE = exhaust 
temperature, Ts = supply temperature, TA = room 
temperature 

amount of air is being supplied by a VAV system. Although 
the core zone ventilation systems contained an econo
mizer, this system supplied 1000/o outside air due to the 
combination of low loads and the requirements for this 
minimum outdoor air supply. 

Except in core zone systems, more outdoor air is used 
during times of moderate outdoor temperatures. A max
imum amount of outdoor air is used only when the outdoor 
temperature is between exhaust and supply air tempera
tures. In theory, minimum outdoor air should be supplied 
whenever the outdoor air enthalpy exceeds the exhaust air 
enthalpy. However, enthalpy is seldom used for the control 
because of difficulties in the measurement; instead 
economizer control is based on temperature measure
ments. To compensate for the use of temperatures in place 
of enthalpy, the economizer changes to minimum outdoor 
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Figure 4 Control strategy of variable-air-flow mixing sys/em with ter
minal reheat. TE "' exhaust temperature, Ts = supply 
temperature, TA = room temperature, ::.Ts = maximum 
temperature difference between room and supply air, 
OsMAX = maximum supply air flow, OsMIN = minimum 
supply air flow, L rR = maximum load that can be met with 
minimum supply air flow. The zone is being heated when 
loads are to the left of the vertical axis. 
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Figure 5 Control strategy of economizer cycle. Outdoor air ratio "a" 
(Q,jQs) depends on the temperatures in the system and 
preset temperature difference, ::.T, between outdoor air and 
exhaust air. Its minimum value, amino depends on minimum 
outdoor air flow rate. TE = exhaust temperature, Ts = 
supply temperature, T 0 = outdoor airtemperature. 

air when the outdoor temperature is still a few degrees 
below the exhaust air temperature. This temperature dif
ference, ~T, is illustrated in Figure 5. In the simulation we 
used a fixed ~ T of 4°F (2°C) . 
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Figure 6 Control strategy of displacement ventilation system with 
variable air flow and terminal reheat. LTR "' the cooling 
load that still can be met with minimum supply air flow, 
O sMAX = maximum supply air /low, ATs = maximum 
temperature difference between room and supply air, TE = 
exhaust temperature. Ts = supply temperature, TR "' 
room temperature at height 2.6 It (0.8 m). 

Displacement System with VAV Control 

The control strategy for displacement ventilation with 
combined flow rate and temperature control is illustrated 
in Figure 6. As noted above, the maximum cooling capacity 
is limited to 13 Btu/h · ft2 (40 W/m2); loads exceeding this 
are removed with rad iant cool ing panels. Cooling capacity 
is controlled by varying the flow rate until the minimum 
supply flow rate is reached. When the cooling load de
creases further. the supply air temperature is increased (by 
less cooling) so that small cooling loads are met. Reheat 
is used during heating demand or whenever the supply air 
temperature is too low due to the precooling necessary for 
dehumidification. 

Heat Recovery 

Heat is recovered from the exhaust air using a heat ex
changer with capacity control (normally a heat wheel with 
a variable speed of rotation) . During heating of the zone, 
heat is recovered at full capacity when the required sup
ply air temperature is higher than the output temperature 
of the heat exchanger with its maximum temperature effi
ciency. With higher outdoor temperatures, the efficiency of 
heat recovery is controlled (reduced) so that the output 
temperature of the heat exchanger is the same as the 
desired supply air temperature. During cooling of the zone, 
the heat exchanger is not operated when the required 
supply air temperature is lower than the outdoor temper
ature until the outdoor temperature exceeds the exhaust 
temperature-in which case the heat exchanger is used to 
cool the outdoor air with exhaust air. The maximum temper
ature efficiency of the heat exchanger was 70%. 

AIR QUALITY 

Pollutant Removal Effectiveness 

The oldest and best-known measure to characterize 
a system's ability to carry away pollutants is the pollutant 
removal effectiveness: 

CE 
E,=

Co 
(1) 

where CE is the pollutant concentration in exhaust air and 
C0 is the spatial average pollutant concentration in the oc
cupied zone (or, in some cases, the entire room) . The 
names ventilation efficiency and ventilation effectiveness 
are also sometimes used for Ee . For mi xing ven tilation 
systems. a value of unity was used for E~. 

The pollutant removal ef ectiveness d epends on the 
airflow patterns and pollutam source characteristics. Data 
from laboratory measurements have been used to evaluate 
the pollutant removal effectiveness of displacement 
systems. Because of the vertical variation in concentration , 
the value of C0 , and thus the actual value of pollutant re
moval effectiveness, depends on the distance from the 
floor used to define the occupied zone. The smaller the 
distance, the higher the effectiveness. Effectiveness usually 
also increases with system flow rate. Strong local convec
tive heat sources may disturb he flow partern in the room 
and decrease the pollutant removal effectiveness. 

Extensive measurements of pollutant removal ef
fecti veness have been made in full-scale office rooms 
(Mathisen and Skaret 1983) with simulated sources of the 
pollutants emitted by humans. The results depend on the 
locations of the sources and soecific methods of air distri
bution. Ef'ec ti veness values up to 10 were reported ; 
however. a conservative estimate of Ee = 2 has been used 
in the model for displacement ventilation systems during 
cooling period simulations. During heating with d is
placement systems, pollutants and air are assumed to be 
completely mixed , which gives a pollutant removal effec
tiveness of unity. 

Hypothetical Pollutant Source in All Rooms 

The air distribution system will affect the air quality in 
the space both through the rate of supply of outdoor air 
and the pollutant removal effectiveness. Assuming a con
stant and uniformly distributed pollutant source. a relative 
room air concentration of a hypothetical pollutant was 
calculated from the mass balance equation: 

Qu, 
c.~QoEcClEF (2) 

where ORE= is the reference outdoor airflow rate with com
plete mixing (Ee = 1); CREF is the concentration with the 
flow, ORu : O" is the actual outdoor air flow rate; and Ee is 
the pollutant removal effectiveness. Equation 2 yields the 
spatial average concentration in the occupied zone (since 
Ee is based on this spatial average concentration) . This 
concentration is not necessarily identical to the average 
concentration in air that is inhaled by build ing occupants. 
A reference airflow rate of 20 cfm (10 Us) per person was 
selected . We assumed that the filters in the ventilation 
systems did not remove this hypothetical pollutant. The 
equation assumes that the pollutant source is located in the 



ventilated rooms and that its source strength is indepen
dent of ventilation rate. 

Tobacco Smoke Source in Subset of Rooms 

When the pollutant source is in a subset of rooms 
within a zone (or in the return air ducts of the ventilation 
system). the use of recirculation air will expose more occu
pants to the pollutants. The exposure depends on the 
removal effectiveness of the system and the extent of dilu
tion of the pollutant. 

The suspended particles generated by smoking were 
used as an example of a pollutant generated in selected 
rooms. Tobacco smoke particle concentrations in the non
smoking and smoking areas were calculated assuming 
that one-third of the occupants smoke two cigarettes per 
hour (Committee on Indoor Pollutants 1981) in smoking 
areas and each cigarette generates 15 mg of particles 
(Offerman et al. 1984). With the typical cigarette smoke par
ticle size, the mass median diameter is 0.5 µ.m (Offerman 
et al. 1984). For this size of particle, most of the commonly 
used return air filters have low removal efficiency. For a filter 
with a dust spot efficiency of 50% (Eurovent class EU 5/6), 
the particle removal efficiency is 20% to 40% for a particle 
size of 0.5 µ.m. A removal efficiency of 20% was used in the 
calculations. The concentration of tobacco smoke particles 
in the smoking area was calculated from the equation 
(based on a mass balance) 

C 
ma m(l-fl)(l-a) 

r•--+ 
X. Qo Qo( 1 +•<I.-•') (3) 

where Cr is the particle concentration in smoking areas, rh 
is the particle generation rate, a is the outdoor air ratio (out
door air supply divided by total air supply), T/ is the removal 
efficiency of filters located in the supply air stream, and x 
is the ratio of return airflow from smoking areas to the total 
return airflow (in calculation x=0.5). Note that, due to a lack 
of experimental data on the effectiveness of removing 
tobacco smoke, a pollutant removal effectiveness is not in
cluded in Equation 3. Instead. Equation 3 is based on an 
assumption of perfect mixing of the tobacco smoke parti
cles in the smoking area. Such an assumption will lead to 
an overprediction of tobacco smoke concentrations at the 
breathing level in rooms with displacement ventilation. 
However. the more important influences of ventilation rates, 
recirculation . and filtration are accounted for in this 
analysis. 

For the nonsmoking areas, where the presence of 
tobacco smoke particles is due to the delivery of recircu
lated air, the concentration was calculated from the 
equation 

C m(l-11)(1-a)( 'l(l-a)) 
TN- l+--

Qo a (4) 

where CTN is the particle concentration in the nonsmoking 
areas, and TJ, a, and 0 0 are as in Equation 3. 

These calculations are based on a simplifying as
sumption that transport of particles from smoking to non
smoking areas is solely via recirculation in the ventilation 
system . Transport due to airflows within the occupied 
space is neglected. This assumption will cause particle 
concentrations in the smoking areas to be overestimated 

7 

and concentrations in nonsmoking areas to be underesti
mated. at least in situations where the smoking and non
smoking areas are not physically isolated. The deposition 
of tobacco smoke particles on indoor surfaces or on com
ponents of the ventilation system other than filters is also 
neglected. 

Vertical Temperature Gradients 

The vertical temperature gradient in the room influ
ences the predicted energy performance and thermal 
comfort. For example, energy demands on chillers will be 
reduced during periods of cooling if the air in the occupied 
region of the rooms has a lower temperature than the air 
that exits the rooms. Laboratory data for the temperature 
gradient have been used in the model. The gradient is 
often characterized by the temperature efficiency. E,, of 
the air distribution system . The temperature efficiency is 
defined similarly to the pollutant removal effectiveness: 

(5) 

where TE is the exhaust air temperature. T,q is the room 
temperature, and Ts is the supply air temperature. Th is 
quantity is used to calculate the required supply air tem
perature when the room temperature and load are known . 

The height at which the temperature describes the 
thermal environment is an important parameter. In the of
fice environment, this height should reflect the thermal sen
sation of a sitting person; thus. the air temperature at a 
height of 2 .6 ft (0.8 m) has been used as the room 
temperature. 

The temperature gradient has been measured in 
small office rooms with various supply air diffusers and 
room loads (Mathisen and Skaret 1983; Palonen et al. 
1988; Esdorn et al. 1987). Mathisen and Skaret (1983) 
define the gradient with the ratio 

(6) 

where T0 is the temperature 0.16 ft (0.05 m) above the floor 
and 2.0 ft (0.6 m) from the supply air opening of the 
displacement ventilation system, TE is exhaust air temper
ature, and Ts is supply air temperature. 

An empirical formula is given for Ero 

where h0 is the height (m) of the supply air opening and u0 

is the air velocity (mis) in the supply air opening. 
The relationship between temperature efficiency Er 

and Ero is 
I 

ET - -.,....----,.-
1 - ( 1 -~ ) £ H TO 

(7) 

where h is the height of the defined room temperature, H 
is the room height, and Ero is the temperature gradient 
parameter defined in Equation 6. 

The experimental range of ETO was 0.3 to 0.7 with an 
average of 0.5, which has been used in the simulation. With 
a room height of 10 ft (3.0 m) and a room temperature de
fined at the height of 2.6 ft (0.8 m), the average temperature 
efficiency becomes 1.58 and the range is 1.28 to 2. 



The typical temperatures for displacement ventilation 
are illustrated in Figure 1. Mathisen and Skare! (1983) warn 
that the results should not be applied for other rooms. 
However, independent measurements (Palonen et al. 
1988) in an office room with displacement air diffusers con
structed by three manufacturers support the data by 
Mathisen and Skare!. 

Outdoor Air Supply Rates 

When comparing the systems, one of the most impor
tant factors is the design minimum flow rate of outdoor air. 
Ventilation standards specify the ventilation rate per occu
pant. At the design stage. however. the design often must 
be based on the assumed occupant density. Because the 
heating and cooling needs are usually estimated per floor 
area. it is practical for design calculations to be based on 
ventilation rate per floor area. A recent study (Turk et al. 
1986) of 38 commercial buildings in the northwestern 
region of the U.S. showed the range of outdoor air supply 
to be 0.1 to 0. 7 ctm/ft2 (0.5 to 3.5 Us· m2), with a mean of 
0.3 cfm/ft2 (1.5 Us· m2) and a standard deviation of 0.2 
cfm/ft2 (0.8 L/s·m2). In the same study, the average mini
mum outdoor air supply for a subset of 14 buildings was 
20 cfm (10 Us) per occupant. 

This is also the minimum outdoor air supply rate per 
person in office buildings in the proposed new ASH RAE 
ventilation standard (ASH RAE 1987). The proposed stan
dard and the current standard (ASHRAE 1981b) both 
recommend an occupant density of seven persons per 
1000 ft2 (100 m2) for design purposes if actual occupancy 
is not known. Converting to an outdoor airflow rate per floor 
area yields 0.14 cfm/ft2 (0. 7 Us· m2). If the ceiling height 
is 9 ft (2.7 m), the nominal air exchange rate would be 
0.9 h- 1 • 

All except one of the systems were designed and 
operated with a minimum outdoor air supply of 0.14 
cfm/ft2 (0.7 Us· m2). This limited the maximum flow rate of 
recirculated air and, in some cases where loads are low, 
even the minimum supply airflow in VAV systems. For com
parison, a VAV system with a minimum outdoor air ratio of 
0.15 and a minimum supply air iatio (ratio at minimum to 
maximum total rate of air supply) of 0.3 was also simulated. 
In this system, the minimum outdoor air supply of 20 cfm 
(10 Us) per occupant was not maintained. 

COMFORT 

With the mixing flow pattern, a relatively uniform room 
temperature has been easy to obtain and the incidence of 
drafts has been the most important factor leading to ther
mal discomfort. With displacement ventilation, the vertical 
temperature gradient is increased. which may cause ther
mal discomfort even though the average temperature 
would be comfortable. In general. draft is not a problem 
with displacement systems when occupants are a reason
able distance from the supply-air diffuser. 

The discomfort caused by a vertical temperature 
gradient has been studied in a climate chamber (Olesen 
et al. 1979). The results, presented as the percentage of 
dissatisfied occupants (Figure 7), have been used to 
evaluate thermal discomfort with a displacement system. 
Because the temperature gradient varies with thermal 
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Figure 8 Dependence of room air velocity on the supply air flow ex
pressed in air changes per hour. A = maximum air veloci
ty in occupied zone with three wall diffusers (Heise/berg and 
Nielsen 1987). B = maximum air velocity in occupied zone 
with ceiling diffusers (Larkfeldt 1987). C = mean velocity 
of air in real buildings with various air distribution systems 
(Kovanen et al. 1987). D ,. maximum velocity of air in oc
cupied zone with perforated duct diffusers (Palonen et al. 
1988). £ '" approximation for the spatial maximum veloci
ty used in the simulation. 

loads, the percentage dissatisfied is also a function of 
loads. 

With the mixing flow pattern, the maximum air veloc
ity in the occupied region depends on the air distribution 
pattern and room loads. Several investigators have col
lected experimental data that relate air exchange rate, cool
ing load, and maximum velocity. Some of the results from 
the laboratory and field (Palonen et al. 1988; L.arkfeldt 1987; 
Heiselberg and Nielsen 1987; Kovanen et al. 1987) are pre
sented in Figure 8. The importance of good air distribution 
with respect to draft and the relationship between room air 
velocity and supply airflow rate are illustrated. 

To evaluate the percentage of dissatisfied occupants 
because of draft, the following relationship between maxi
mum velocity and supply air was developed and used: 



(8) 

where v'""' is the spatial maximum velocity (m/s) of air in 
the occupied zone (this velocity is also a mean value with 
respect to the short-term fluctuations in velocity), and n is 
the supply airflow rate per floor area divided by room 
height (1/h). The discomfort caused by airflow depends on 
time-average (average with respect to short-term fluctua
tions) velocity, temperature. and nature of flow. With typical 
turbulent flow. the relationship between percentage of 
dissatisfied. time-average velocity of air. and air tempera
ture is given by Equation 9 (Fanger and Christensen 1986, 
1987). 

PPD= 13800( u-0.0
4 

+0.0293 )
2

-0.000857 (9) 
1.-13.7 

where PPD is the predicted percentage of dissatisfied, iJ is 
time-average velocity (m/s), and t, is air temperature (0 C). 
Values of vmax from Equation 8 were input into Equation 9 
to estimate PPD. The equation is valid for air temperatures 
from 66°F to 80°F (19°C to 26.5°C) when the PPO is less 
than 40%. 

RESULTS 

The major criteria in the design process are the quality 
of the indoor environment, first cost, and cost of operating 
the system . The quality of the indoor environment is 
indicated by the air quality and thermal satisfaction. First 
cost depends mainly on the selection of a system and the 
required capacities of airflow, heating, and cooling. The 
major operating cost consists of the cost of energy. The rel 
ative importance of the value of each component in the 
performance of the systems is subjective; therefore, no at
tempt has been made to combine all the factors. The scope 
of this paper also limits the data presented. Energy con
sumption per unit floor area and average concentrations 
of a hypothetical pollutant (generated uniformly throughout 
the building) in all four climates and in the southern zone 
are given in Figure 9, which also gives data from northern 
and core zones in Minneapolis. The time-average concen
tration of a hypothetical pollutant is presented in relative 
units. The time-average predicted concentrations of tobac
co smoke particles in smoking and nonsmoking areas are 
illustrated for Minneapolis in Figure 10. The first cost of the 

TABLE 6 
Installed Unit Cost of Air-Conditioning Equipment 

Boiler including burner (600 hp) $96.6/HP = $9.85/kW 
Centrifugal chiller and pumps and pipes 
(2000-ton) 
Cooling tower with pumps and pipes 
Jucts 
·1r handler (32 .000 elm) 
·-':'urn fan (31 .000 cfm) 

Jnom1zer 
3t recovery with controls 
)ling panels 
' boxes (650 ctm) 
mly air diffusers 
:-way adjustable. 1 diffuser per 200 ft2 

3.6 m2)] 

:iacement air dilfusers 
11ffuser per 200 ft2 (18.6 m2)] 

$400/ton 
$56/ton 
$1/cfm 
$1 .05/cfm 
$0.3/ctm 
$0.165/cfm 
$1/cfm 
$0.3/Btuih 
$0.7/cfm 
$93/ea 

$0.46/ft2 

$186/ea 
$0.92/ft2 

= $113/kW 
= $24/kW 
= $2.12/L/S 
= $2.2/US 
= $0.64/L/S 
= $0.35/US 
= $2/L/S 
= $1/W 
= $1.49/L/S 

= $51m2 

= $10/m2 

systems is mainly influenced by supply airflow and max
imum cooling and heating caoacity. No attempt has been 
made to calculate absolute cost of each system. Instead, 
cost differences relative to the cost of the variable-air
volume system with an economizer (System 1) have been 
calculated for each system. The results for the Minneapolis 
climate are shown in Figure 11. The unit costs used in the 
analysis are presented in Tabie 6. The cost of the standard 
equipment is taken from pubiished U.S. cost data books 
(Means 1988; Saylor 1986). The cost of heat recovery 
equipment. cooling panels, and displacement ventilation 
diffusers are based on the data from manufacturers. 

Finally, the time-average predicted percentage of 
occupants who are dissatisfied with the thermal environ
ment is presented in Table 7 

DISCUSSION 

Air Quality and Energy 

The air quality is described using the average concen
tration of a uniformly generatec hypothetical pollutant in the 
space and the predicted tobacco smoke concentrations. 
Energy consumption com par· sons are based on the sum 
of heat and electricity requirements. where electricity con
sumption includes fans and compressors. The air quality, 
in general , is best with constam-volume systems without an 
economizer or recirculation. The displacement systems. 
however. lead to sim ilar air quali ty with better energy 
economy. The climate or loads seem to have rio major influ
ence on this ranking. Only when the loads are very high (in 
the southern zone) does the airflow in constant-flow 
systems without recirculation become high enough to give 
substantially better air quality than that provided by a 
displacement system; howe-1er, in these instances the 
constant-volume systems require substantially more 
energy. 

Tobacco smoke concentrations, within smoking areas, 
are highest with the VAV systems. particularly the system 
with a minimum outdoor air ratio of 15%. The lowest pre
dicted tobacco smoke concentrations within smoking 
zones occur for a constant-volume system without recir
culation that serves southern zones. The high outside 
airflows in this situation lead to iow concentrations and high 
energy consumption. Based on Figure 10, recirculation of 
indoor air from smoking zones to nonsmoking zones 
results in significant concentrations of tobacco smoke parti
cles in the nonsmoking areas. The high use of energy 
probably precludes the use of the constant-flow system ex
cept in interior zones, where a constant-flow system with 
heat recovery seems to be a reasonable alternative in all 
climates. 

The VAV performance of displacement systems does 
not change the air quality or energy consumption signifi
cantly in colder climates (Minneapolis and Seattle). Heat 
recovery improves the energy performance of displace
ment systems in all climates without any deterioration of air 
quality. Energy savings due to heat recovery are larger in 
colder climates. 

With respect to energy consumption, the displace
ment system seems to perform better in warm climates, 
particularly in El Paso. where \he savings in heating due to 
traditional VAV operation are noi as significant. The energy 
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Figure 9 Energy consumption and relative pollutant concentrations for different air-conditioning and air distribution systems. The design minimum 
outside air supply is 20 cfm (10 Us) per occupant for all systems except No. 2, in which the outside air flow is 15% of the supply air flow. 
M = mixing system, D = displacement system, VAV = variable air volume, CV = constant volume. 

performance of the displacement systems can be im
proved with VAV control in warm climates. 

The worst average air quality is obtained with the VAV 
system with an economizer cycle with a minimum outdoor 
air ratio of 0.15 because outside air supply rates are low 

\ () 

when loads are small. The good energy economy of this 
system is obtained at the expense of poor air quality. The 
results are consistent in all climates and zones. Even if the 
minimum outdoor air ratio is increased to 0.3, the outdoor 
air supply can be less than the 20 cfm (10 Us) per occupant 



TABLE 7 
Predicted Percentage of Occupants Thermally Dissatisfied 

CITY AND ZONE" 

System System+ 
# Type MN MC MS SN SC SS AN AC AS EN EC ES 

1 M.VAV 5 6 2.2 15.6 4.6 2.2 14 6 89 2.2 17.5 11 .4 2.2 22.3 
2 M. VAV 5.6 1.7 15.6 4.6 1.7 14 6 8.9 1 7 17.5 11 ,4 1.7 22.3 
3 M. VAV 5.6 2.2 15 6 4.6 2.2 14 6 8.9 2.2 17.5 11.4 2.2 22.3 
4 M.CV 21 .3 .1 ,8 17.9 48 30 6 4.8 34.7 4.8 
5 M.CV 21 .3 4.8 17.9 4.8 30.6 4.8 34 7 4.8 
6 M.CV 21 .3 4.8 17.9 48 30.6 4 8 34.7 4.8 
7 D CV 2.7 3.5 4 2 2.4 35 3.8 3 7 3.5 4.9 4.4 3.5 6 1 
8 D CV 2.7 3.6 4.2 2.4 3.6 3.8 3 .7 3.6 49 4.4 3.6 6 1 
9 D. VAV 4.9 5.1 55 4.7 5.1 94 54 5.1 6.1 5.8 5.1 70 

• M = Minneaool1s: S = Seattle A = Atlanta: E = El Paso 
N =North : C = Core. S = South. example: MN = Minneapolis. North Zone. 

· • Flow loo h1gn 10 evaluate with a•1a1lable equations. 
.,. M = Mixing system. D = displacement system: VAV = variable air 'IOlume; 
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Figure 10 Predicted tobacco smoke respirable particle concentra
tions in smoking and nonsmoking areas in Minneapolis. 
Systems No. 3 and Nos. 5-9 do not recirculate air; 
therefore, the predicted concentration in the nonsmoking 
areas is zero. M = mixing system, D = displacement 
system, VAV = variableairvolume, CV= constant volume. 

specified in the draft revised ASH RAE ventilation standard. 
The average air quality is substantially better when the VAV 
system with an economizer is controlled so that the mini
mum outdoor air supply per occupant is guaranteed, irre
spective of thermal loads. 

The VAV system with economizer and a guaranteed 
minimum outdoor airflow per occupant still consumed the 
second lowest amount of energy for zones with high loads 
(southern zone) in all climates except El Paso, where the 
displacement system with heat recovery consumed slightly 
less energy. However, with lower loads (northern and core 
zones) both the VAV system with heat recovery and 
constant-flow system with an economizer became more at
·ractive with respect to energy consumption. Among these, 
he VAV system with heat recovery gives better air quality. 

=irst Cost 

The first cost of a system is extremely difficult to 
mate. The most accurate cost values would be obtained 

.. through a complete design and bidding process. 
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Figure 11 Comparison offirst cost and annual energy cost of systems 
2-9 to the same costs for system 1 in the Minneapolis 
climate. The assumed costs of electricity and natural gas 
are 5. 7 cents/kWh and 1.3 cents/kWh, respectively.· 

While comparing systems, the interest is mainly on the 
relative costs. In this study, the basic variable-volume 
system with an economizer and a minimum outdoor air 
flow rate of 20 ctm (10 Us) per person (System 1) was 
selected as the baseline. The cost of other systems was 
compared to the cost of System 1. The cost difference in 
heating was estimated based on actual heating power re· 
quired. Only boilers and burners were considered. The 
maximum cooling demand was used to estimate the cost 
of additional mechanical cooling equipment, such as 
chillers and cooling towers. Maximum supply airflow was 
used to estimate the cost of air-handling equipment except 
for air diffusers, whose cost was assumed to be dependent 
only on the type of distribution system and floor area. The 
cost of heat recovery equipment depended only on the 
airflow . 



The most difficult and important item in the estimates 
of relative first cost is the price of cooling panels required 
in displacement systems to supply additional cooling. 
Because these systems are not used in the U.S., a Scandi
navian market price was used and converted to U.S. dollars 
per watt of cooling capacity. 

The results of the cost comparison are presented in 
Figure 11 as the difference between incremental and 
baseline costs for the Minneapolis climate. The results are 
similar for other climates. The first cost decreases if the min
imum outdoor air is decreased or the system operates with 
constant flow with an economizer cyc!e. The cost increases 
substantially with a displacement system in northern or 
southern zones due to the additional cooling panels. In the 
core zone. which may be a large fraction of the total floor 
area in a large building, and where the cooling load is so 
low that panels are not required. the cost increase for 
displacement ventilation is small. 

Energy Cost 

The cost of energy is also compared to the energy 
costs of the basic VAV system. The possible influences of 
peak demand on energy cost have not been included. The 
results are presented in Figure 11 for Minneapolis condi
tions, where typical cost of electricity is 5.7 cents/kWh and 
typical cost of natural gas is 1.3 cents/kWh . As expected, 
the results indicate that energy costs can be decreased by 
decreasing the minimum outdoor airflow rate (System 2). 
The increase of energy costs is significant with constant
air-flow systems without an economizer. The displacement 
systems with heat recovery or VAV flow, which provide an 
excellent air quality and thermal environment, differ little in 
energy cost from the baseline. 

Thermal Environment 

The thermal environment is evaluated by estimating 
dissatisfaction to draft or to the vertical temperature gradi
ent. The results in Table 7 show the average percentage of 
dissatisfied persons. In general, the displacement ventila
tion provides better thermal comfort except in core zones, 
where the supply airflow and thus the incidence of drafts 
is low even with mixing flow pattern. 

In general, the higherthe average supply airflow rate, 
the higher the predicted percentage of dissatisfied. With 
constant-flow systems and mixing flow pattern, the flow rate 
becomes so high in southern zones that the evaluation of 
discomfort is out of the range of available data. 

Reliability of Results 

A simulation of this type involves numerous assump
tions that may significantly influence the results. This 
analysis has been based on our estimates of typical or 
reasonable values for many parameters, and we have not 
investigated the sensitivity of results to these estimates. In 
addition. the results apply only for the specific ventilation 
systems and control methods that were modeled. 

We expect that our assumptions regarding the tem
perature efficiency of displacement systems, the efficiency 
of the heat recovery system, and minimum outside air 
supply rates have a significant influence on the relative 
energy performance of the systems. The comparisons of 
air quality associated with the different systems are ex-

pected to be most sensitive to the assumed value of pollu
tant removal effectiveness of the displacement systems. the 
minimum outside air supply rates. and the simplifying 
assumption that tobacco smoke transport from smoking to 
nonsmoking areas results only from mechanical recircula
tion. A conservative (low) estimate of pollutant removal ef
fectiveness was utilized for these analyses, considering 
available laboratory data. However, few data are available 
from field settings, and sources of heat, natural convection 
at exterior walls, and movement of people in real buildings 
may disturb displacement flow patterns and reduce pollu
tant removal efficiencies. The greatest source of uncertainty 
in the predictions of the extent of thermal dissatisfaction is 
probably the uncertainty in the relationship between sup
ply airflow rates and indoor veiocities (see Figure 8). The 
assumed vaiue for the temperature efficiency of displace
ment systems also influences predictions of thermal dis
satisfaction. The most criticai assumptions regarding the 
comparisons of system costs are expected to be the maxi
mum cooling capacity of displacement systems (since 
estimates vary and costly cooling panels are required 
when loads exceed this maximum) and factors that influ
ence the need for cooling panels-the magnitude of in
ternal heat gains and the thermal characteristics of the 
building envelope. Improvements in the building envelope 
would make the displacement systems more attractive, 
while increased internal heat gains would make the dis
placement system less attractive. Future simulations should 
include an investigation of the sensitivity of results to these 
assumptions. 

CONCLUSIONS 

Displacement ventilation seems to create much better 
average air quality in the occupied zone than traditional 
mixing VAV systems with recirculation. Displacement venti
lation systems do not have much influence on energy con
sumption; however, their first cost is significantly increased 
due to required cooling panels if the cooling load exceeds 
13 Btu/h ft2 (40 W/m2). Displacement systems also create 
a better thermal environment than mixing systems. 

VAV systems perform with good energy economy and 
low first cost. Their drawback lies in the potentially high 
pollution concentrations if the combination of minimum 
supply air flow rate and minimum outdoor air ratio is not 
selected based on actual needs. The minimum outdoor air 
ratio should always be calculated individually for each air
handling unit based on loads in the zone served by the unit. 

The constant-flow systems with an economizer per
formed surprisingly well with respect to energy consump
tion and used less energy than some VAV systems. This is 
because the constant and low supply air temperature in 
VAV systems requires more mechanical cooling than is re
quired with constant-flow systems, which use a greater flow 
and higher supply air temperature. This finding indicates 
that large air-handling units with constant supply air tem
perature should be avoided. Better energy economy and 
air quality will be obtained with smaller units and a variable 
supply temperature. 
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