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1. Introduction

Recently, architects have successfully built many types of solar-heated
buildings, and the solar industry has produced many thousands of reliable
and efficient flat-plate collectors (FPCs). In addition, several new types of
collectors have been introduced such as the compound parabolic collector
(CPC) and the single-axis tracking parabolic trough collector (TPT). Fur-
thermore, central solar receiver power plants with external as well as
cavity-type receivers have been placed into operation and their perform-
ance has been monitored. In all of these solar thermal systems, natural
convection heat transfer occurs. As a result, a large amount of natural
convection heat transfer research has been motivated by solar-related ap-
plications. The objective of this monograph is to provide a review of those
aspects of natural convection research that are applicable to solar system
design and analysis. Solar ponds are not included because their convection
phenomena are double diffusive and require a different kind of analysis.
Double diffusive phenomena have recently been reviewed by Chen and
Johnson [1] and Viskanta, Bergman, and Incropera [2].

A. COLLECTOR TYPES AND OPERATING TEMPERATURES

Solar collectors are generally categorized as “active” or “passive.” Active
collectors depend upon the use of extermal pumps or fans in order to
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function properly. Passive collectors depend entirely upon natural convec-
tion to transport energy from the point of collection to the point of use.
There are three basic types of thermal collectors [3]:

1. Nonconcentrating and stationary (solar buildings, active and passive
flat-plate collectors, and solar ponds) for low temperatures.

2. Slightly concentrating, with or without periodic adjustments (CPCs
and V-troughs) for intermediate temperatures.

3. Concentrating, with either one- or two-axis tracking for intermediate
and high temperatures.

Figure | shows schematic diagrams of the most common types of active
solar-thermal collectors. Figure 2 shows the approximate operating tem-
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Fi1G. 1. Schematic diagrams of common types of active solar thermal collectors: (a) flat
plate-statinary (b) compound parabolic collector (CPC), (c) single-axis-tracking parabolic
trough, (d) dual-axis-tracking, paraboloid dish, (e) central receiver system with dual-axis-
tracking heliostats.
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Fic. 2. Approximate operating temperatures of active solar collectors.

perature ranges for each type of active collector [4]. Flat-plate collectors are
suitable for supplying hot water or hot air at temperatures up to 80°C with
relatively good efficiency. They require no moving parts, have good dura-
bility, and can collect both direct and diffuse radiation. The key elements
for a flat-plate collector are a frame, one or two transparent covers, a
receiver or “absorber” plate with flow channels connected to inlet and
outlet headers through which a working fluid passes, and some back-side
insulation. The cover, usually of glass or a plastic, is transparent to solar
radiation but opaque to infrared radiation from the receiver plate. Thus,
the receiver plate absorbs solar radiation, heats up, and transfers heat to the

working fluid, usually water or air. One of the most cost-effective applica-

tions of flat-plate collectors is domestic hot water heating.

To heat a fluid to temperatures above 80°C with good efficiency, solar
energy must be concentrated on the receiver. The concentration ratio C is
defined as (5]

C = A4,/4, : (1)

where A, is the aperture area and A, is the receiver area.

Concentration reduces the size and surface area of the solar receiver and,
therefore, reduces the heat losses, which are proportional to the surface
area. The reduction in heat losses contributes to higher temperature capa-
bility. Concentration can be achieved by refraction or reflection, but re-
flection is used in most solar applications. Compound parabolic concen-
trators (CPC) can concentrate without tracking and utilize the beam as well
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as the diffuse radiation within the acceptance angle of the collector. They
can achieve a concentration ratio of about two without adjustment and up
to five with periodic tilt adjustment [5].

Tracking increases the complexity of the collector system and limits
collection to the beam part of solar radiation. Line-focus collectors that
track the sun in one direction can achieve concentration ratios of the order
of 50 and deliver temperatures up to about 350°C. To heat a fluid to
temperatures above 350°C with good efficiency requires a concentration
ratio of 200 or more. Such a concentration ratio can only be achieved by
means of dual-axis (azimuth and altitude) tracking of the sun by point-
focus receiver systems. Basically two designs are available for high solar
concentrations:

1. Central receiver systems (CRS) in which radiation is reflected from
tracking mirrors (heliostats) onto a stationary receiver that can have the
configuration of a cylinder with vertical flow tubes (external type) or a
cavity lined with flow tubes (cavity type) as shown in Fig. 3.

2. Dual-axis-tracking paraboloid dish systems (PDS) with point-focus
receivers in which the reflector as well as the receiver move to track the
sun;
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FiG. 4. Schematic diagram of a flat-plate thermosiphon collector.

Collectors for passive solar thermal applications range from small flat-
plate thermosiphon units (Fig. 4) to various types of solar building compo-
nents. The most common types of solar building components are the
Trombe wall, the atrium or sunspace, and direct gain windows. Solar
buildings can also incorporate vents or windows for ventilation cooling. In
a solar building, natural convection is the major heat distribution mecha-
nism between building zones.

From an examination of the diagrams of the main types of solar build-
ings in Fig. 5, it is apparent that their geometries and thermal boundary
conditions can vary widely. In addition, buildings often are complicated by
the presence of furniture, draperies, and nonrectangular wall intersections.

The enclosure aspect ratio (room height/room length) in building appli-
cations can be large or small. The Trombe wall is a large aspect ratio
configuration with parallel flat plates in a vertical position. Other types of
solar building configurations (sunspace, direct gain) have aspect ratios
close to one.

The Rayleigh numbers in building applications are on the order of
1 X 10', indicating that the natural convection flow next to heated and
cooled surfaces will have a boundary-layer structure. Depending upon the
specific application, this natural convection flow may be laminar, partially
turbulent, or fully turbulent. Because of the complexity of the problem, it
is important to carefully integrate results from laboratory experiments with
results from measurements in full-scale buildings. This integration process



6 REN ANDERSON AND FRANK KREITH

/

CE
%\ Thermal
. \& storage
aperture
(a)
Sunspace I Trombe wall

(b)

Prevailing ——
wind — ——

(c)

FiG. 5. Schematic diagrams of various types of passive heated and cooled solar buildings:
(a) direct gain, (b) indirect gain, (¢) ventilation cooling.

is summarized in Table I. Results gained from laboratory research must be
reduced to reliable design information before they become useful tools to
builders and architects.

B. EFFICIENCY AND OVERALL HEAT-Loss COEFFICIENTS OF
ACTIVE COLLECTORS

The useful heat output g, of a thermal collector using a liquid or gaseous
working fluid is proportional to the rate of increase of the temperature of
the working fluid [3]:

qu = mcp(Tout - Tm) (2)

where n1 is the working fluid mass flow rate through the collector, ¢, is the
specific heat at constant pressure, T, is the inlet temperature of the work-
ing fluid, and T,,, is the outlet temperature.

It should be noted that the heat transferred to the working fluid in the
collector does not equal the useful energy delivered by the solar system.
Heat losses from connecting pipes and valves and transient effects at
start-up in the morning and after insolation has been interrupted by clouds
decrease system heat delivery [4].
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The instantaneous thermal efficiency 7 for a thermal collector is given by
the relation [3]

n= Qu/AaIc =No — U(TH . Tnmb)/IcC (3)

where 7, is the optical efficiency, Ty the average receiver surface tempera-
ture in degrees Kelvin, 7T,, the ambient temperature in degrees Kelvin, U
the total heat-transfer (or thermal loss) coefficient between the collector
surface and the surrounding in watts per square meter per degree Kelvin,
based on the receiver area A4, and average surface temperature 7,, and /,
the solar irradiance (or insolation) on the collector aperture area in watts
per square meter.

The insolation /, comprises different elements of the solar radiation,
depending on the type of solar collector [5].

I. For flat-plate collectors, I, is the total hemispherical irradiation,
L+ 1.

2. For tracking collectors with low concentration (C < 10), I. is the
radiation within the acceptance angle [/, + (/4/C)].

3. For tracking collectors with high concentration (C > 10), /. is the
solar beam radiation /.

Here I, is the diffuse insolation and 7, is the solar beam radiation.
TABLE I

INTEGRATION OF LABORATORY-SCALE AND FULL-SCALE RESEARCH RESULTS

L
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The efficiency analysis, Eq. (3), shows that the three most important
factors affecting the efficiency of solar thermal conversion for a given
temperature output and insolation are the concentration ratio, the optical
efficiency, and the overall heat-loss coefficient of the absorber. Of these
three, the overall heat-loss coefficient is critically dependent upon natural
convection phenomena.

The overall heat-loss coefficient is a simplified concept since the heat loss
from a solar absorber occurs by complex interactions between radiation
and convection. Figure 6a shows a thermal network for the heat loss from a
collector with a single cover that is transparent to solar radiation, but
opaque in the infrared. The overall heat-transfer loss coefficient L" can be
obtained from a detailed thermal analysis if the individual convection heat
transfer coefficients and the radiation exchange coefficients are known.
Such an analysis leads to the simplified circuit with U as the loss coefficient
used in the efficiency equations (Fig. 6b). The radiation exchange coeffi-
cient can be calculated from available information with relatively good
accuracy [3, 5, 6], but the free convection heat-transfer coefficient requires
knowledge of the operating conditions and geometry. Figure 7 shows in
simplified fashion the various heat-flow resistances for calculating heat-
transfer coefficients for flat-plate collectors, compound parabolic collec-
tors, and single-axis-tracking parabolic troughs. The schematic diagrams in
Fig. 3 show the geometries applicable for a central receiver with an external
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FiG. 7. Geometries and orientation for natural convection losses from flat plate collectors.
compound parabolic collectors, and single-axis-tracking parabolic troughs: R.,, R.., and R,
as in Fig. 6.
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or cavity design. In all of these cases, free convection plays an important
role. In Section II we will present the available information about free
convection heat transfer for the geometries relevant to all of these active
solar systems.

C. THERMAL DESIGN CHARACTERISTICS OF SOLAR BUILDINGS

Buildings rank with transportation and industry as one of the three main
users of energy in the U.S. economy. Building energy consumption can be
reduced by designing buildings to use solar energy for a portion of their
heating and cooling needs.

In heating applications, solar buildings can be categorized depending on
whether the solar energy that enters through the windows is used directly in
the building zone in which it is absorbed (direct gain) or is transported
from the direct gain zone to another building zone (indirect gain) (Fig. ).

In cooling applications, prevailing winds are used in combination with
stack driven ventilation to move cool outside air through the building.
These types of solar applications have come to be known as passive solar to
distinguish them from the active solar applications that have been dis-
cussed in the previous section.

A passive system has been defined by Balcolmb [7] as ““one in which the
thermal energy flow is by natural means.” Most passive designs use south-
facing glass in the building as the solar collection element and structural
mass in the building as the thermal storage element. A successful passive
design requires integration of the solar collection, thermal storage, and heat
distribution functions into the architecture of the building. Obviously, a
thorough understanding of natural convection in enclosed spaces is abso-
lutely necessary to successfully achieve this integration without sacrificing
the comfort standard of conventional heating systems.

In practice, solar buildings can consist of any combination of direct gain,
indirect gain and ventilation cooling components. A fundamental under-
standing of the heat-transfer aspects of each of these generic configurations
is necessary if they are to be successfully integrated into an overall building
design. In Section III we present available information about free convec-
tion relevant to the design of passive solar systems.

I1. Natural Convection in Active System Configurations
As mentioned previously, natural convection is important for the per-

formance of solar collectors because it directly affects the thermal losses
between the absorber surface and its surroundings.
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A. FLAT-PLATE COLLECTORS

The natural convection losses from flat-plate collectors have commonly
been analyzed by modeling the collector as a large-aspect-ratio, two-di-
mensional air gap with isothermal hot and cold walls (Fig. 8). This air gap
may exist between the absorber and the transparent cover as well as
between two transparent covers above the absorber if a double-glazed
collector design is used. In both cases free convection occurs jointly with
radiation. Flat-plate collectors usually operate without concentration and
are inclined to the horizontal by an angle ¢. There have been a number of
reviews in recent years, including those by Buchberg [8], Catton [9], and
Ostrach [10, 11] that cover various aspects of convection in enclosures.
The reviews that-most directly deal with the relation of enclosure research
to heat losses from solar collectors are those of Buchberg er al. [8] and
Catton [9].

A large fraction of the energy losses from flat-plate solar collectors is due
to a recirculating convective cell that forms in the cavity between the hot
absorber surface and transparent cover plate. The magnitude of the heat
leak produced by the buoyant circulation cell between the absorber and
cover plates of the collector is proportional to the overall temperature
difference between the absorber and cover. It also depends upon cavity
geometry, thermal boundary conditions, and physical properties of the
cavity fluid.

The structure of the natural convection flow in a flat-plate collector is a
strong function of the tilt angle of the collector. As the collector tilt angle
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FiG. 8. Schematic diagram of gap in a flat-plate collector with a single transparent cover.
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decreases from vertical (¢ = 90°) to horizontal (¢ = 0°) the flow changes
from convection in a vertical slot with differentially heated side walls to
Benard convection in a horizontal fluid layer heated from below and
cooled from above. Hart [12] observed that for 0 = ¢ = 80° thermal insta-
bilities lead to the formation of longitudinal rolls with the axis of each roll
oriented up the slope, and superimposed upon the primary flow. For near
vertical orientations (80 = ¢ = 90) secondary instabilities take the form of
transverse rolls with axes oriented across the slope. The secondary flows
cause an increase in convective heat transfer across the collector air gap.
Additional experimental studies of this phenomenon have been con-
ducted by Ozoe et al. [13], Ruth et al. [14], Linthorst ez al. [15], Inaba [16],
and Goldstein and Wang [17]. Three-dimensional numerical calculations
have been carried out by Ozoe et al. [18]. Schematic drawings visualizing
natural convection in flat-plate collector geometries are shown in Fig. 9.
Linthorst er al. [15] report that the characteristics of natural convective
flow in an inclined rectangular cavity are a strong function of the aspect
ratio of the cavity. Their experimentally derived curves for transition from
stationary to nonstationary and two-dimensional to three-dimensional
flow are shown in Fig. 10 as a function of aspect ratio and Rayleigh
number Ra. For large values of the aspect ratio (AR), the flow quickly
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FiG. 9. Flow structure inside a flat-plate enclosure for (a) ¢ = 90° (transverse rolls), (b)
¢ = 30° (longitudinal rolls), (c) ¢ =0 (Benard convection). (Adapted from Linthorst er al.

(151.)
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and from two-dimensional to three-dimensional flow ( ). (From Linthorst er al. [15])
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becomes nonstationary and/or three dimensional for inclined orientations.
For AR =7 and 0° = ¢ = 60°, the critical Rayleigh number for transition
to nonstationary three-dimensional flow is about 6,000. This means that
for conditions representative of a flat-plate solar collector (AR > 1 and
Ra; ~ 2 X 10%) the flow is always strongly three dimensional and nonsta-
tionary.

ElSherbiny et al. [19] conducted a comprehensive experimental investi-
gation of the heat transfer in air-filled, high-aspect-ratio enclosures with
isothermal walls, covering the ranges

10?=Ra, =2 X 107, S=H/L=AR=110, and 0°=¢=90°

where Ra, = gfL? AT/va and AT is the temperature difference between
the lower and upper surface of the air gap. A comparison of the ranges of
these parameters with previous experimental studles 1s shown in Fig. 11
[19a-19d].

ElSherbiny et al/. found that the transition from the conduction to
convection regime in vertical enclosures is a strong function of the aspect
ratio when AR < 40. The following heat-transfer correlations are recom-
mended:

1. For vertical layers (¢ = 90°):
Nug = (Nu,, Nug, NUj las 4)
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FiG. 11. Summary of experimental investigations of natural convection in high-aspect-
ratio enclosures. », Degraaf and Van der Held [19a]; A, Eckert and Carlson [19b]; W,
Schinkel and Hoogendoorn [19c}; ®, Randall, Mitchell and El-Wakil [19d], , EISher-
biny, Raithby, and Hollands [19] (adapted from ElSherbiny, Raithby, and Hollands [19].)

where
Nu, = 0.0605 Ra}/? (5)
Nu, = [! + (0.104 Ra2?%%/(1 + (6310/Ra,)"-¥))3]¥3 (6)
Nu, = 0.242(Ra, /AR)%27 (7)

2. For inclined layers (¢ = 60°):

Nuz = [Nuy, Nu; Jnas (8)

where
Nu, = [1 + (0.0936 Ra34/(1 + G )]\ (9)
G =0.5/[1 + (Ra,/3160)206]0! (10)
Nu, = (0.104 + 0.175/AR)Ra%23 (11)

The notation in Egs. (4) and (8) indicates that the maximum value of the
average Nusselt number calculated from the correlations for Nu; (where
I =1 to 3) should be used.

For tilt angles between 60° and 90° ElSherbiny er al. [19] suggest a linear
interpolation between the limiting correlations given above:

Nug = [(90° — ¢) Nugy + (¢ — 60°) Nugy]/30° (12)

Extrapolating these equations beyond the experimental range of variables
is not recommended.
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For tilt angles between 0° and 75°, Hollands et al. [20] recommend the
following correlation for the average Nusselt number:

1708 )[1 _ 1708 (sin 1.8d>)"6]

Ra cos & Ra cos ¢

Racos @\ )
I\ Tse30 ) 7! b3

where L is the distance between the plates at temperatures 7y and 7,
respectively, and the Rayleigh number Ra is given by

— 28(Ty — TC)L3
V(Tu+ Te)

A dot to the right of a bracket denotes that [¢]* = (|x| + x)/2. Thus when
Ra < (1708)/(cos ¢) the Nusselt number in Eq. (13) is exactly equal to
unity. The condition Nu = | implies that the heat transfer across the air
cavity is by pure conduction.

The natural convection circulation in the cavity between the cover plate
and the absorber can be suppressed by making the aspect ratio of the
collector very large or very small. The former approach is used in the
design of double-pane windows. The latter approach is used in the design
of various types of internal partitions (honeycombs, horizontal slats. verti-
cal slats) that are placed in the collector cavity (Fig. 12). A summary of the
aspect ratio dependence of natural convection in vertical rectangular en-
closures as reported by Bejan [94] is shown in Fig. 13. The Nusselt number
reaches a peak for values of the aspect ratio between 0.1 and 1.0, and drops
rapidly in value for very large and very small values of the aspect ratio.

L\Tu=1+1.44<1—

Ra

F1G. 12. Schematic diagram of honeycomb structure used to suppress convection.
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F1G. 13. Aspect ratio dependence of heat-transfer coefficient (from Bejan {92]).

A review of the theory and application of honeycombs for suppressing
natural convection in flat-plate solar collectors is given by Buchberg et al.
[21, 22] and by Hollands [23]. For an inclined, square honeycomb, the
Nusselt number depends on the Rayleigh number, the inclination, and the
AR of the honeycomb. For the range 0 <Ra <{[6000 AR*], 30° <
¢ <90°, and 1/AR =3, 4, or 5, the Nusselt number for air is given by
Cane et al. [24] in the form

N—uL=-h—k°—L-= 1 + 0.89 cos(¢p — 60°)
RaL AR* (2.88—1.64 sin @) (14)
N < 2420

For minimum heat loss the honeycomb should be designed to give a
Nusselt number of 1.2, according to Hollands et al. [25]. For air at atmo-
spheric pressure and moderate temperatures, 370 K> T, > 280 K, the
aspect ratio for minimum heat loss can be found from

it 200 & 100 - /AT 3/4
AR—C(QS)(H' Tm) (Tm>(TH Tc)' L (15)
where L is the thickness of the honeycomb in centimeters, T, is the
average of the coverplate and absorber temperature in degrees Kelvin, and
the function C(¢) is plotted in Fig. 14.

Hollands et al. [26] and Hoogendoorn [27] independently calculated
total heat transfer in honeycomb structures including radiation effects.
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They found that conduction heating of the honeycomb increases the radia-
tive losses from the collector and reduces the benefits associated with the
convection suppression that is provided by the honeycomb if the honey-
comb is allowed to come into direct contact with the hot absorber plate.
Hollands and Iynkaran [28] recommend that a 10-mm air gap be left
between the honeycomb and the absorber plate to reduce conductive
heating of the honeycomb structure.

Two-dimensional slats are an alternative method of convection suppres-
sion. These slats can be oniented horizontally (forming transverse slots) or
vertically (forming longitudinal slots). Transverse slats have been investi-
gated by Amold er al. [29, 30], Mever et al. [31], and Smart er al. [32].
These studies demonstrate that for transverse rectangular cell aspect ratios
less than 0.1, convection is suppressed for Ra, up to 4 X 10° for a tilt angle
of 60°. Meyer et al. [31] found that heat transfer increased, compared to an
enclosure without transverse slats, for transverse rectangular cell aspect
ratios in the range 0.5 = Ar = 4. Symons and Peck [33] and Symons [34]
have investigated the reduction in convective heat transfer produced by
longitudinal slats. Symons and Peck [33] compared the heat transfer across
a transverse slot with AR = 0.17 to the heat transfer across a longitudinal
slot with the same cross-sectional dimensions. They found that the heat
transfer across the longitudinal slot was less than the heat transfer across
the transverse slot for tilt angles in the range 24° < ¢ < 75°. For tilt angles
in the range 0° < ¢ =< 24°, the heat transfer was the same, regardless of slot
orientation. For tilt angles in the range 75° < ¢ < 90°, the heat transfer
across the transverse slot was less than the heat transfer across the longitu-
dinal slot. The effectiveness of longitudinal slots appears to be related to
their ability to damp out the longitudinal convection cells that form when
the collector is tilted from the vertical.

1.4,

C (o)

1.2

1.1

1.0 1 L l | | | ! | |
0 10 20 30 40 S50 60 70 80 90

Angle of inclination from horizontal, ¢ (degrees)

FiG. 14. Plot of C(¢) versus ¢ for use in Eq. 15 (from Hollands er al. [25]).
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Some aspects of heat transfer in flat-plate solar collectors require more
sophisticated models than those based on enclosures with isothermal walls.
Balvanz and Kuehn [35] have shown that the effect of finite wall conduc-
tivity can be significant, particularly for a constant-flux boundary condi-
tion where wall conduction can reduce the wall-temperature gradient and
produce a corresponding decrease in heat transfer from the wall. Figure
15a shows the wall temperature profile measured by Anderson and Bohn
[36] in an enclosure with a finite conductivity wall. Figure [5b shows the
corresponding decrease in heat transfer predicted by Balvanz and Kuehn
[35]. MacGregor and Emery [37] calculated natural convection flow in a
vertical enclosure while varying thermal boundary conditions at the heated
wall. They found 30% higher convective losses for a constant flux condi-
tion than for an isothermal condition. In their work the average tempera-
ture difference between the hot and cold walls was used in the definition of
the Nusselt number for the constant flux surface. Schinkel and Hoogen-
doorn [38] repeated the calculations of MacGregor and Emery for Ra; =
5.8 X 10* and found the Nusselt number for a constant flux surface to be
more than 20% more than for an isothermal surface. This prediction was
found to agree with experiments in air. Schinkel and Hoogendoorn also

(a)

0.8¢
(b)

2.1
0.6¢

2.0+
0.4p

Nu,

0.2

0.5 10 1.5 0 20 40
Biot No.

FiG. 15. (a) Experimental measurements of wall surface temperature by Anderson and
Bohn, @, Bi = 10 [36] for finite wall conductance compared to theoretical predictions by
Balvanz and Kuehn [35]; Bi = K /K H. 8 =(T — T)/(Ty— T¢). (b) Effect of finite Bi on
overall Nusselt number (after Balvanz and Kuehn [35]).



NATURAL CONVECTION IN SOLAR THERMAL SYSTEMS 19

did experimental comparisons at ¢ = 60°, 40°, and 20° and found in-
creases of 14%, 11%, and 9%, respectively.

In an actual flat-plate collector, the absorber will be at some condition in
between an isothermal and a constant-flux surface. This overlapping state
is caused by the coupling between the free-convective flow in the cavity
separating the absorber and cover and the forced-convective flow of the
heat transfer fluid through tubes in the absorber plate. Chao er al [39]
numerically analyzed the effect of spatial sawtooth varations in the tem-
perature of an inclined enclosure with AR = 2. They found that surface-
temperature variations produced a stronger circulation and a higher overall
Nusselt number than did a uniform temperature. The sawtooth vanation
in surface temperature studied by Chao et al. [39] is particularly relevant to
liquid collectors, where heat-exchanger tubes are connected at regular
intervals along the surface of the absorber plate.

The thermal boundary condition at the cover plate results from the
interaction of internal and external convection and thus is not known a
priori as in the case of the isothermal wall model. A number of researchers
have looked at cases where a free-convection boundary laver exists on the
outside surface as well as on the inside surface of the cover plate. Such a
condition would exist when the external wind velocity is zero. Lock and
Ko [40] demonstrated that the resulting interaction produces a nearly
constant-flux surface with a linear temperature profile except for regions
near the top and bottom of the plate. Anderson and Bejan [41, 42] ex-
tended the analysis of Lock and Ko to wider range of plate thermal
resistance and included the effects of thermal stratification in the fluid on
either side of the plate. Viskanta and Lankford [43] conducted experiments
in an air-filled enclosure that was separated into two zones by a conducting
partition. Sparrow and Prakash [44] conducted a numerical investigation
of an enclosure with H/L = | which was coupled via a conductive wall to
an external natural convection flow.

B. LINE FocusiNG COLLECTORS

Line-focus collectors have recently received a great deal of attention for
industrial heat applications at intermediate temperatures [44, 45]. There
are two commercial types of line focusing collectors: the compound para-
bolic trough and the tracking parabolic trough. Both are usually deployed
in a horizontal position. The parabolic trough collector must track the sun
continuously. The optical design of the compound parabolic type requires
no tracking at concentration ratios below 2 and only biyearly tilt adjust-
ment at concentration ratios below 5.
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1. Compound Parabolic Collector

Compound parabolic collectors have been studied by Winston [46],
Rabl [47], and O’Gallager et al. [48]. In a CPC, heat loss is by natural
convection from the cylindrical receiver surface in the space formed by the
aperture cover and the reflector. Typical CPC configurations are shown in
Fig. 16a. Generalizing the shape of CPC cavities and receivers is difficult
because the detailed geometry of these designs depends upon the manner
that the CPC shape is designed.

There are two approaches to the calculation of natural convection losses
from CPC collectors. The losses can be approximated by replacing the
collector with an equivalent eccentric cylindrical annulus, or the losses can
be calculated directly. Examination of the shapes presented by Rabl [47],
O’Gallager et al. [48], and Ortabasi and Fehlner [49] shows that with
concentration ratios between 1.6 and 3.0 the heat loss and flow can be
approximated by natural convection in an eccentric cylindrical annulus.

_ Reflective
surfaces

(c) (d)

F1G. 16. Schematic diagrams of four typical compound parabolic collectors. Four possible
absorber configurations are shown. 8 is the acceptance angle of the collector.
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FiG. 17, Isotherms and streamlines for concentric cylinders with (i) Ra = 102, (ii)
Ra = 104, and (iii) Ra = 10% and radius ratios of (a) 1.25, (b) 2.6, and {c) 5.0. Ra is calculated
based upon the average gap between cylinders. (From Lee et al. [50]).
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Correlations for the evaluation of the heat loss in an eccentric cylindrical
annulus geometry are given by Lee et al. [50]. These authors determined,
both experimentally and numenrcally, the characteristics of natural con-
vection heat transfer in concentric as well as eccentric cylindrical annuli.
The results cover a range of inner-to-outer diameter ratios from 1.25 to 5.0
and eccentricity ratios up to £0.9 for air (Pr = 0.7). Figure 17 shows the
isotherms and streamlines for concentric cylinders for D,/D, ratios of 1.25,
2.6, and 5.0 at Ra of 102, 10%, and 10°. Figure 18 shows the isotherms and
streamlines at eccentricity ratios e of —0.9, 0.67, 0.9 for Ra =35 X 10° and
D;/D, of 2.6. Figure 19 shows the results for the average convection
heat-transfer coefficient between the inner and outer surface versus Ra for
eccentricity ratios of 0, —0.67, 0.67, and 0.33. Lee er al. based their
definition of Rayleigh number on the average size of the gap between
cylinders.

A CPC collector configuration, representative of commercial designs,
has been studied by Hsieh [51] and Hsieh and Mei [52]. His configuration
(see Fig. 20) can be approximated by an annular space between the receiver
envelope and the surface formed by the reflector and the transparent
aperture cover at the top. When the outer surface of the structure is treated

FiG. 18. Isotherms and streamlines at eccentncity ratios of (a) —0.9, (b) 3, (c) 0.9, for
Ra = 5 X 10° and radius ratio of 2.6. The Rayleigh number is calculated from the average gap
between cylinders. (From Lee et al. [50]).
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FiG. 20. Commercial design of a CPC according to Hsieh [51].
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Fic. 21. Convective pattern in a compound parabolic collector with a coverplate and
planar absorber (from Abdel-Khalik et al. [53]).

as an equivalent cylinder, the heat-loss mechanism from the receiver can
be approximated as natural convection through an annulus with a diame-
ter ratio of about 3 and an eccentricity e of about 0.75.

Abdel-Khalik er al. [53] carried out a finite-element analysis of a CPC
collector with :ts axis oriented horizontally and developed heat-loss equa-
tions for conc:ntration ratios of 2 to 10 and Rayleigh numbers, based upon
cavity thickness, of 2 X 10 to 1.3 X 10¢. The convection pattern in this
Rayleigh number range was found to be unicellular (Fig. 21). The reflector
walls were assumed to be adiabatic while the absorber and cover plate were
isothermal.
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Meyer et al. [54] determined the losses from a V-trough collector as a
function of Rayleigh number and tilt angle. Their collector had straight
rather than parabolic sides, but it approximated closely the behavior of a
CPC collector. They found that the collector tilt affects heat transfer
similarly to that for rectangular enclosures.

Convective losses from a CPC collector can be reduced when the ab-
sorber is cylindrical by surrounding the absorber with a concentric glass
tube. Collares Pereira et al. [55] and Woo [56] have conducted experiments
with glass tubes surrcunding the CPC collectors. The available experimen-
tal and analytic results, for the overall loss coefficient in CPC collectors
with and without a transparent cylindrical cover over the receiver, are
summarized in Table II [S6a-56c]. The overall loss coefficients found in
experimental tests of various CPC designs are in reasonably good agree-
ment with each other and they indicate that surrounding the absorber with
a transparent cylinder reduces losses by about a factor of two.

TABLE II
SUMMARY OF HEAT LosSES IN NONEVACUATED CPC COLLECTORSY

Heat-loss Heat-loss
coefficient coefficient
Normalized to normalized to
collector aperture Geometric absorber
Reference (W/m? °C) concentration (W/m? °C) Remarks
I. No envelope
Rabl er al. [56a] 1.85 £ 0.1 5.2 9.6 0.5 Tube absorber
2.7+ 0.2 3.0 8.1 0.6 Fin absorber
Meyer et al. [54] 1.8-2.5 2-3 3.6-75 Flat absorber,
measured
experimentally
II. Tube with Glass
Envelope
Rabl er al. [56a] 22 1.5 3.3 Calculated
Patton [56b] 1.82 1.6 2.9 Measured experi-
. mentally
Woo [56] 2.8+0.1 1.65 46%0.2 Measured experi-
mentally
Collares Pereira et 2.64 1.5 4.0 Measured experi-
al. [55] mentally
Prapas et al. {56¢] —- — 44 Calculated for

absorber only

? Well-designed CPCs with selective absorber coating, and absorber thermally isolated from mirrors so
that losses are dominated by convection.
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2. Single-Axis-Tracking Parabolic Trough Collectors

In a single-axis-tracking parabolic trough concentrator, which operates
at concentration ratios from 25 to 50, the incident solar radiation is
reflected onto a planar or a cylindrical absorber, as shown in Fig. 22. This
absorber generally has a transparent cover to reduce heat losses from its
surfaces. Unless the space surrounding the absorber is evacuated, the
convection heat loss is by natural convection in the space between flat
plates or between concentric tubes in conjunction with radiation. When
the absorber has a selective surface, natural convection is the dominant
mechanism. Rabl, Bendt, and Gaul [57] have shown that for conventional,
unevacuated line-focusing parabolic trough collectors with tubular re-
ceivers, the ratio of outer to inner diameter (D,/D;) varies typically from
1.5 to 2.6.

Natural convection flow and heat transfer under geometric conditions
similar to those encountered in the tubular receivers of single-axis-tracking
line-focusing collectors have been studied by several investigators, most
recently by Kuehn and Goldstein [58-6:] and Lee et al. [50]. Equations
for heat transfer by natural convection between isothermal long concentric
horizontal circular cylinders have been developed by Kuehn and Goldstein
and compared with experimental data obtained by various investigators.
They recommend for the average Nusselt number between isothermal
concentric cylinders with inner and outer surface temperatures 7; and T,

Concentrator
reflective
surface

Recewer

Tracking g
mechanism (¢)

. ~ =
(a) (b)

FiG. 22. (a) Schematic front view of parabolic trough concentrating collector with (a)
cylindrical and (b) planar receiver. (c) Three dimensional schematic view of a paraboloid
trough collector.
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respectively, the relation

2
Nuo, = T T 2/E/ /(1 = 2/F 7)) (18)
where
E=1[0.518 Ray* (I + (0.559/Pr)*)=%"2]!S + (0.1 Ra}>)'s  (17)
2 i 5/3 1/4\5/3 N
F= ([(W> + G%3(0.587 Ray*)" ] >
+(0.1 Ray?)¥ (18)
L5 >-5 + (0.4 + 2.6 PO -S]M 19
G= (1 + 557 (0. . ) (19)
and
Nup, = A Di/k (20)
T dc (21)

b=
D L(Ti—T,)
Ra, = gfD}T,— T,)/va,  Rap =gBDYT;— T,)/vex (22)
Equation (16) correlates available experimental data over the ranges of

Rayleigh numbers from 10? to 10*° and Prandtl number between 0.01 and
1,000 as shown in Fig. 23.

Evaluation of T; in the above relations requires iteration. To avoid this,
Kuehn and Goldstein [61] suggest the simple relation, valid for Pr = 0.71
and laminar flow,

2

(1+2/0.4 Rag*)/(1 —2/0.587 Rag?)

NUp, cons = (23)

The above correlation is considered satisfactory for horizontal trough
collectors with cylindrical receivers, although it does not take into account
the nonuniform temperature of the receiver surface and is therefore subject
to an unknown error under practical operation conditions in the sun.

C. PoINT-FOCUSING SYSTEMS

The earliest reported application of a point-focusing system was Archi-
medes’ use of reflecting mirrors in 212 B.C. to set the ships of the invading
Romans on fire at Syracuse. Many inventors, alchemists, and scientists
have proposed point focusing of solar radiation as a means of achieving
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Fic. 23. Comparison of correlating equations with experimental results for natural
convection between horizontal concentric cylinders; XK, =Nup cosh™'[DZ+ D2
— 4¢%/2D, D,]/2, where ¢ is the normalized distance that the inner cylinder is displaced from
concentricity. The Rayleigh number is based on the average gap width. (From Kuhn and
Goldstein [60]).

extremely high temperatures for many applications [62]. But use of point
focusing for large-scale installations has only taken place within the past
decade. Since 1980 several central receiver systems in sizes up to 10 mW
electric capacity have been built for electric power production and indus-
trial heat and dual-axis-tracking paraboloid concentrators have been em-
ployed for heat and electric power generation. The distributed total energy
system at Shenandoah. Georgia is shown in Fig. 24. The collector field for
this paraboloid dish system (PDS) consists of 114 parabolic dishes; each of
them is 7 m in rim diameter with a cavity receiver located at the focus as
shown schematically in Fig. 1b. Paraboloid dishes are generally less than 10
or 20 m in diameter because larger dishes are difficult to build and are
subject to excessive wind loading. Hence, receivers for dish systems are
relatively small. Natural convection for this type of receiver will be dis-
cussed in Section II,C,3.

Figure le is a simple diagram of a central receiver solar power system.
Dual-axis-tracking heliostats concentrate direct solar radiation onto a
tower-mounted central receiver, which can be a cavity or external design.
There the radiant energy is used to heat a working fluid to high tempera-
tures for piping to the bottom of the tower and subsequent use as a
high-temperature heat source for industrial processes, operating a turbine,
or storing for future use (63).
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Central receivers generally are large and have high surface temperatures
and complex geometries. Heat transfer and fluid flow occur in regimes for
which expenimental data are scant and predictive methods are uncertain.
The lack of steady flow in atmospheric boundary layers further compli-
cates analysis in the case of the external recetver. Abrams [64] developed a
map of available natural convection data in the Grashof number versus
Reynolds number regimes as well as the operating regime of typical solar
central receivers (Fig. 25). Progress has been made in providing informa-
tion upon which the convective losses of central receivers can be based. but
uncertainties remain in understanding and predicting convection losses
from central receivers.

To predict the efficiency of any receiver in a point-focusing system. it is
necessary to calculate the amount of incident solar radiation that is inter-
cepted, reflected, and emitted by the receiver and the losses by convection
and conduction. In many cases, natural convection is a dominant factor,
and in this section we will summarize the available information for the
three industrially most important receiver types: external and cavity re-
ceivers for CRS applications and cavity receivers for PDS applications.

FiG. 24, Two-axis-tracking parabolic dish collectors in Shenandoah Field (courtesy of
Sandia National Labortories).
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FiG. 25. Range of scaling variables for which convection data are available for solar central
receivers (from Abrams [64]).

1. External Receivers— Central Receiver Systems

An external receiver essentially is a cylinder formed of vertical flow
tubes. The solar radiation reflected from the heliostat field falls on tubes
arranged outside the cylinder. The working fluid passes through the radia-
tively heated tubes. The receiver for the 10-MW Solar | prototype solar
power plant in Barstow, California is a once-through boiler located atop a
76-m-tall tower that is 7 m in diameter and 12.5 m high (Fig. 26). The
average outside temperature of this receiver is approximately 600°C, and
wind velocities perpendicular to this receiver range between 0 and 25
m/sec. For these conditions and cylinder diameter, Reynolds numbers are
between 0 and 10® and Grashof numbers between 102 and 10'4.

Heat-transfer experiments simulating these conditions have been per-
formed by Siebers et al. [65] using a 3 m by 3 m electrically heated plate
located in a wind tunnel. Air velocities ranged from 0 to 6 m/sec and plate
temperatures went to 600°C under conditions of forced, natural, and
mixed convection. In these experiments the wind was parallel to the plate,
whereas in a cylindrical central receiver, winds were perpendicular as well
as parallel to the surface. Experimental data were obtained in the range of
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Grashof numbers between 1 X 10 and 2 X 10'? and Revnolds numbers
between 0 and 2 X 10 for plate-to-ambient absolute temperature ratios in
the range of 1 to 2.7. The local Nusselt number, based on the vertical
distance from the bottom y and obtained from natural convection experi-
ments, are given by Egs. (24) and (25).

[. For turbulent natural convection
Nu, = 0.098 Gr}/X(T,/Tymp) " for 10° <Gr,<2X 10" (24)
2. For laminar natural convection
Nu, = 0.404 Grj/*  for Gr, <10’ (25)

Equation (24) applies when either the wall temperature or the heat flux is
uniform, whereas Eq. (25) applies only when the heat flux is uniform.
Transition from laminar to turbulent flow occurs over a range of Grashof
numbers, which depends on the temperature ratio (7/7.) [65]. The exper-
imental results are compared with Egs. (24) and (25) in Fig. 27.

For conditions with forced convection dominant and the free-stream
velocity parallel to the plate the following equations apply.

FiG. 26. Photograph of Solar |, prototype solar power plant at Barstow, California.
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FiG. 27. Correlation of effects of variable properties on natural convection from a vertical
surface in air (from Siebers er al. [65]).

1. For laminar forced convection
Nu, =0.453 Rel2Pr'?  for Re,<2X 107 (26)
2. For turbulent forced convection
Nu, =¢0.307 Reg?® PrO( T/ Tomp) " .« for Re, 22X 107 {27)

In Egs. (26) and (27), x is the distance from the leading edge of the plate.
All fluid properties in Egs. (24) to (27) should be evaluated at the ambient
temperature 7, . _

The length-averaged heat-transfer coefficient for natural convection A,
is determined from Egs. (24) and (25). The length-averaged heat-transfer
coefficient for forced convection A, 1s determined from Egs. (26) and (27).
For Gr/Re? > 10.0, the heat transfer should be determined from the equa-
tions for natural convection while for Gr/Re? < 0.7, the forced convection
equations are applicable. It is important to note that these equations have
been validated only with ambient wind parallel to the plate and orthogonal
to the buoyant natural convective flow. Errors resulting from the applica-
tion of these equations to external receivers not meeting these conditions
are not known.

For mixed-convection in the flow regime defined by 0.7 = Gr/
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Re? = 10.0, heat-transfer coefficients are calculable to within = 10% by
Proia = (Mo + o))" (28)

Analysis of the experimental data [65] showed some scatter in the transi-
tion region (Fig. 28). A correlation for the average location of transition is

4 X 10°
| + 6.4(Gr,/Re?)'s

Because it is difficult to achieve high Grashof numbers in air, Clausing
[66] built a cryogenic wind tunnel and used nitrogen at 80 K as the
working fluid. The setup achieved simultaneously values of Gr = 3 X 10'0
and Re = 3 X 105. Abrams [64] expressed concern about the forced-con-
vection data obtained in the tunnel because turbulence is intense and the
velocity distribution is asymmetric, with variations being approximately
23%. But the natural convection correlations proposed by Clausing [67]
and Siebers er al. [65] agree within 20%.

Natural convection data obtained in the cryogenic tunnel wind a 14-cm-
diameter, 28-cm-tall cylinder [67] yielded the following empirical correla-
tions for the average-Nusselt-number base on the height H:

Nuy = 0.082 Ralf® X f(T,/Tags)  for 1.6X10° <Ra, < 10'2 (30)
where f(T,/Tums) = —0.9 + 2.4 (T,/Taems) = 0.5(Ts/ Toe)? for 1 <(T,/

Rem', = (29)
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Fic. 28. Effect of Re and Gr on transition in mixed convection from a vertical heated
surface (from Siebers et al. [65]).
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F1G. 29. High-temperature direct absorption receiver cross section for a falling-film molten
salt system. The shaded region indicates the location of falling film. From Wang and Cope-
land [69a]).

T,ms) < 2.6. In Eq. (30) properties are based on the average temperature

A computer code to predict the heat loss from external receivers in a
steady ambient wind has been developed at Sandia National Laboratory
for the cylindrical receiver of Solar | [68]. The code can determine the
laminar and turbulent mixed-convection heat-transfer coefficient on an
external receiver up to the line of separation. Availability of heat-transfer
data in the wake region is scant, but measurements in pure forced convec-
tion from cylinders [69] have shown that between 30 and 50% of the total
convective losses can occur in the wake region. Atmospheric turbulence
differs from that in a wind tunnel. The effect of the wake region as well as
of atmospheric turbulence on the convection loss has not yet been investi-
gated.
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2. Cavity Receivers— Central Receiver Systems

In a cavity-type receiver, solar radiation passes through an aperture into
the interior. In current designs the interior is lined with flow passages in
which the working fluid is heated, but direct contact heat exchangers have
also been proposed for use in cavity receivers. Figure 29 shows an ad-
vanced design currently under development at the Solar Energy Research
Institute (SERI), using direct radiation absorption [69a]. In this design
radiation is absorbed by a thin layer of molten salt that flows down an
inclined absorber surface. Another direct absorption concept under devel-
opment at Sandia makes us of solid particles falling through the cavity
recetver to directly absorb incoming solar radiation.

The analysis and interpretation of experimental data on the convection
heat loss from cavity receivers are more complex than those for external
receivers. Clausing [67] postulated a convective flow pattern for cavity
receivers and devised a network representation of the loss mechanism.
Although the analytic model is oversimplified, it does cover some of the
key elements that govern convective losses from cavity receivers. The
density of the air entering a cavity solar receiver is typically a factor of three
or four larger than the density of the air at the temperature of the refractory
surfaces inside the receiver. If the aperture is in the lower portion of the
cavity, the air inside the cavity will be stratified and relatively stagnant in
the upper region. Thus it is reasonable to divide the volume into a convec-
tive and a stagnant zone (Fig. 30). The convective heat loss from a cavity
receiver depends on two factors: (1) the ability of buoyancy to transfer
mass and energy across the aperture and (2) flow across the aperture
because of wind. Preliminary experimental results indicate that the ther-
mal resistance between the interior cavity walls and the air inside the cavity
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FiG. 30. Postulated flow partern for cavity-type receiver (from Clausing [67]).
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controls the convective heat loss and that the external wind has relatively
little effect. By performing a simple energy balance on the flow through the
aperture of the receiver, the convective loss g, can be expressed as

9. = mcp(Tc . Tamb) . (p‘ﬂ VzAa)Cp AT (3 I)

In Eq. (31) T, is the average gas temperature inside the cavity, 4, the
aperture area, and V, the average velocity of the inflow, which can be
expressed according to Clausing [67] by

V.. \2|2
V,=%[V§+<—?ﬂ):‘ (32)

Vo= [gB(T. — Tump)H]'? (33)

and L equals the projected vertical aperture height.
Another expression for ¢., derived from the thermal network model in
Fig. 30, is

ge = MA(T, — Ty) + by AT\ — Ty) + B AT, — T,) (34)

The subscripts t, w, and s refer to the heat exchanger surface, wall, and
stagnation region, respectively (Fig. 30).

The average heat-transfer coefficients between the inner surfaces and the
air can be estimated from the semiempirical relation given by Clausing
[67],

Nuy = 0.082 Rajf? [—0.9 + 2.4 (T/Tomp) — 0.5(T/ Toms)?*1 f(d) (33)

where

where

flo)=1 for 0°<¢<135°
and (36)
f(d)=0.66 [1 + (sin p)/¥2]  for > 135°

The angle ¢ in Eq. (35) is the zenith angle between the normal to the
heat-transfer surface and the zenith. For a heated downward facing surface
¢ = 180° and f(¢) = 0.66. Equation (35) holds for Ray > 1.6 X 10° and
| <(T,/T,ms) < 2.6. The above predictions by Clausing [67] were found to
be in close agreement with experimental data obtained by McMordie [70]
on a full-scale cavity receiver and Mirenayat [71] in a laboratory scale
electrically heated cavity.

Experimental studies of natural convection in two-dimensional open
cavities have been conducted by Sernas and Kyrnakidas [72], Chen and
Tien [73], Hess and Henze [74], and Humphrey et a/. [75] and in a
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three-dimensional cavity by Kraabel [76]. Sernas and Kyriakidas. Chen
and Tien, and Hess and Henze studied convection from cavities in which
only the back wall was heated. Sernas and Kynakidas and Chen and Tien
found that the heat transfer from a heated back wall of height H ap-
proached that for the heat transfer from a heated vertical plate of similar
height in a semi-infinite medium for Rag > 107. Hess and Henze exam-
ined the effect of baffles on the heat transfer from an open cavity in the
Rayleigh range 3 X 10° = Ray = 3 X 10'". The baffles were placed at the
top and bottom of the cavity aperture and extended one quarter of the
height of the cavity. Even though the baffles reduced the effective aperture
area of the cavity by 50%, the heat transfer from the cavity was only
reduced by 10%. Humphrey, Sherman, and Chen conducted experiments
in a cavity in which the floor and back wall of the cavity were both heated.
Their experiments were conducted for Ra, = 2.9 X 107 and included stud-
ies of the effects of cavity tilt angle, external forced convection flow, and
cavity aspect ratio. They found the natural convection flow to be unsteady
with periodic oscillations at frequencies of 2-5.5 Hz.

Kraabel [76] conducted his experiments using a 2.2 m cubical cavity
with electrical heating elements on all of the interior surfaces of the cavity.
The aperture was vertical and was one face of the cube. Automatically
positioned probes in the aperture plane measured velocity and temperature
distributions. The convective loss was determined by (1) integrating the
product of the temperature and velocity distributions and by (2) calculat-
ing the difference between the electric power input and the power radiated
from the cavity. The two results were in good agreement. The second
method, being more rapid, was used for most of the convective loss deter-
minations. The cavity wall temperature was varied from 90° to 750°C,
corresponding to Grashof number variations in the range from 9.4 X 10'°
to 1.2 X 102, Flow visualization revealed secondary flow patterns charac-
terized by a pair of counter-rotating vortices that fully occupied the upper
half of the cavity. The total convective losses were correlated by

Nu, = 0.088 Gr¥¥(T,/ T omp)**® (37)

where the physical properties in the Nusselt and Grashof numbers are
evaluated at the ambient temperature. Kraabel found that Eq. (37) also
fitted Mirenayat’s [71] measurements of the convective losses from 0.2-m
and 0.6-m cavities, thus being valid to Gr, as low as 5 X 107. In Eq. (37),
the appropriate heat-transfer area to calculate convective loss is the entire
interior surface area of the cavity. Kraabel’s experiments were conducted
with the cavity protected from environmental winds by large curtains.
However, on occasion winds arose during tests without discernible effect
upon the convective loss. This finding is consistent with McMordie's
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FiG. 31. Calculated flow pattern in an open cavity: (a) Ray, = 10% (b) Ra, = 107, (¢)
Ra, = 10° (from Chen and Tien (78]).

experience at the Central Receiver Test Facility [70]. But so far, there are
not sufficient measurements to conclude that cavity convective losses are
unaffected by ambient wind.

A computer model that predicts laminar natural convection heat loss
from two dimensional cavities has been developed by LeQuere er al. [77].
They found that the flow in a bottom heated cavity was unsteady for
Ra, > 10%. Calculations have also been performed by Chen and Tien [78]
for a two-dimensional cavity with a heated back wall in laminar flow. They
calculated the steady flow characteristics over the range 1 X 10° = Ray, =<
1 X 10°.
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Humphrey, Sherman, and To [79] extended the work of LeQuere,
Humphrey, and Sherman to turbulent flow and compared their calcula-
tions with the experimental measurements from a small air-filled cavity.
Good agreement was found between measurements and predictions of the
velocity and temperature fields. Calculated results that show the flow
patterns in the cavity studied by Chen and Tien [78] are shown in Fig. 31.

Boehm [80] summarized and evaluated available data of thermal losses
from central receivers and also recommended Eq. (37) to predict the
natural convection heat loss from cavity receivers, for the range 10° <
Gr < 10'* with the height of the cavity as the significant length and with
fluid properties based on the ambient temperature 7... Boehm [80] also
reported that Kraabel compiled natural convection results in air for flat
plates, vertical cylinders, and cavities whose apertures are equal in height
to the inner back panels and recommended the equation

Nug = 0.052 Gy (38)

with properties evaluated at 7,,. Available experimental data are compared
with Eq. (38) in Fig. 32. A comparison of the correlation given by Eq. (38)
with experimental field data from cavity receivers is shown in Fig. 33. Data
for the molten salt alternative central receiver (ACR), the molten salt
electric equipment (MSEE), and the sodium-cooled cavity receiver (SCCR)
are shown in Fig. 33. The maximum estimated wind effects are shown by
an error bar. A similar comparison of Eq. (38) with available data from
external receivers is shown in Fig. 34. Here are shown data for the Ad-
vanced Sodium Receiver (ASR) of the International Energy Agency (IEA).

100 2.18 m cavity

3.0 m flat plate
0.28 m cylinder
0.6 m cavity
0.2 m cavity

qQqnOxe O

S 102k
z10

107 L ! ! 1 !
108 107 108 109 100 104 1012

Gry

FiG. 32. Results of natural convection studies in air for length scale, A, measured signifi-
cant length in vertical direction and fluid properties evaluated at ambient temperature (from
Boehm {80]).
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FiG. 33. Experimental convective loss results for cavity receivers (from Boehm [80]).

The relative importance of natural convective losses from cavity re-
ceivers can be reduced by operating the receivers at high flux levels.
Anderson [81] has examined convective heat and mass transfer in a high-
flux receiver with a falling-film on the absorber panel (Fig. 29). The
performance characteristics of a carbonate molten-salt film with (7 + T,)/
2 =700°C are shown in Fig. 35. The temperature difference between the
falling film and the heated wall is plotted as a function of film Reynolds
number and solar flux in Fig. 35a, and the relative importance of natural
convective losses from the surface of the film is plotted in Fig. 35b. As the
level of the solar flux falling on the film is increased i.e., as the film
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FiG. 34. Existing convective loss results for external receivers (from Boehm [80]).
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(T,— T,)=400°C. (a) Film temperature and heat flux versus Reynolds number Re,. (b)
Convective-to-nonconvective loss ratio versus Reynoids number Re, (from Anderson [81]).

Reynolds number is increased) the relative importance of natural convec-
tion losses decreases substantially.

An interesting concept for suppressing natural convection into and out
of a central receiver has been proposed by Taussig [82]. Called the aero-
window, it injects a transparent gas stream across the receiver aperture,
thereby insulating the cavity from the surroundings. Aerowindows gener-
ate a vortex inside the receiver when Gr/Re? is between | and 10. In this
regime both natural and forced convection are important, but no experi-
mental data are available. A numerical analysis of the laminar regime by
Humphrey and Jacobs [83] suggests that small downward flows are more
effective in reducing thermal loss than comparable upward flows.

3. Cavity Receivers— Parabolic Dish Systems

In contrast to central receiver systems, which focus the energy collected
by a large heliostat field upon a single receiver, distributed solar energy
collection systems utilize many small receivers connected together to col-
lect the energy delivered from each focusing reflector. The convective
transport process in distributed collection systems is more complicated
than in central receiver systems because the orientation of each receiver
changes as the collector tracks the sun throughout the day. The Shenan-
doah project, located at Shenandoah, Georgia consists of a field with 120
parabolic dishes, each with a cavity-type receiver [84]. The basic configura-
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tion of the parabolic dish/receiver system is shown in Fig. 36. A detail of
the cavity receiver design for the Shenandoah project is shown in Fig. 37.
The interior wall of the cavity is covered by an elliptical coil assembly. The
outer portion of the cavity is shrouded by a wind shield to reduce convec-
tive losses. Kugath er al. [85] measured thermal losses from this receiver by
pumping hot fluid through the receiver when the collector was not tracking
the sun. Conduction losses were determined by blocking the aperture
opening, and radiative losses were calculated based upon the cavity geome-
try and temperature distribution. Natural convection losses were deter-
mined by subtracting conduction and radiative losses from the total losses
measured during the test. Natural convection losses from the receiver are
shown as a function of the receiver declination angle in Fig. 38. The
minimum losses occur when the cavity is pointing directly downward with
a declination angle of 90°. Kugath er al. [85] also measured the effects of a
10 mph wind upon receiver losses and found that the total heat loss was
strongly dependent upon cavity orientation. The maximum heat losses
occurred when the forced flow was directed at the aperture of the cavity
and were four times the magnitude of the pure natural convection losses
that were measured in the absence of any wind. The following empirical
correlation for free-convection loss from a cavity as a function of cavity

Cavity
receiver

Declination

{ 21 die-
stamped
aluminum
petais

Polar drive  £& =N
jackscrew 44 Declination

drive jackscrew
Steel base’

ey

concrete
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F1G. 36. Schematic diagram showing receiver and parabolic dish in use in the solar thermal
cogeneration project at Shenandoah, Georgia.
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FiG. 37. Cutaway view of a cavity (focal plane) receiver (courtesy of Sandia
Laboratories).

43

National



44 REN ANDERSON AND FrRANK KREITH

a 450°F
O 400°F
Q0 350°F

| \ | \ - | 1
0 10 20 30 40 50 60 70 80 9
Receiver declination angle (~ Ap°®)

Natural conveclion heat loss (~KWy)
o
[e)]

F1G. 38. Curves of natural convection losses versus receiver declination angle (from Ku-
gath er al. [85]).

orientation has been proposed by Koenig and Marvin [86]:

Nu, = 0.52P(¢)K""5 Rad? (39)
P(d) = cos*?¢ when 0°=¢ =<45° (40)
P(¢) = 0.707 cos=*¢ when 45° =¢ =<90°
K= R/ Reay when Rue= Ry (41)
K=, when R, =R,
and
L=12Rg, (42)

The characteristic length used in the evaluation of the Nusselt number
and Rayleigh number in (39) is ‘/ER,,,,, where R, is the radius of the
cavity.

Harris and Lenz [87] calculated the performance of distributed dish
cavity receivers as a function of cavity geometry. Cavity geometries con-
sidered in their study are shown in Fig. 39. Natural convection losses were
calculated by using Eq. (39). They found cavity losses to be 12% of the
energy entering the cavity. For a cavity temperature of 550°C these cavity
losses were due to equal contributions from radiation and natural convec-
tion. It was also found that, for the same cavity aperture and insulation
thickness, cavity geometry had almost no effect on system efficiency.

Because of the complexity of the convective heat transfer process in open
cavities, Somerscales and Kassemi [88] have suggested the use of an elec-
trochemical technique that measures mass transfer rather than heat
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transfer to determine the convective-loss characteristics of the cavity. So-
merscales et al. suggest the use of the electrochemical technique because it
has the potential to be simpler, cheaper and faster than heat transfer
measurements. Heat transfer can then be inferred based upon the analogy
between mass and heat transfer. Somerscales and Kassemi [88] examined
mass transfer in nine cylindrical cavities with diameter to height ratios in
the range + = D/H = 2. They found that the comparison of their mass
transfer results with heat transfer results was not entirely satisfactory be-
cause:

1. There was a considerable difference in the range of values of D/H
used in the heat-transfer and mass-transfer experiments that were com-
pared in their study. The heat-transfer measurements were made with deep
cavities (D/H small), whereas in the mass-transfer tests the cavities were
shallow (D/H large).

2. The Schmidt number of the fluids was many times greater than the
Prandtl number of the fluids used in the heat-transfer tests.

3. It was not certain that comparable flow regimes were being consid-
ered.

o o/

Cylindarical Heterocomeal

Spherical

Elliptical Conical

FiG. 39. Cavity geometries analyzed in study by Harris and Lenz [87].
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Additional research is necessary to clanfy their results and provide cor-
relations for natural convection losses from cavity-type receivers with
changing orientation relative to the force field.

III. Natural Convection in Solar Buildings

Solar energy can be used to provide a large fraction of a buildings energy
requirements by designing buildings to act as efficient solar collectors,
(Balcomb ez al. [89], Jones, and McFarland [90]). In heating applications,
sunshine enters south facing windows and strikes absorbing surfaces, which
heat up and warm the air in the adjacent room. This warm air is then
moved largely by natural convection to the remainder of the house where it
1s either used immediately for heating or stored for later use. In ventilation
cooling applications, the direction of heat transfer is essentially reversed.
Cold night air is introduced through open windows or vents and used to
remove heat from the interior of the building. Natural convection plays an
important role in the transport of energy within the building, in both
heating and cooling applications. Thermal network models for solar build-
ings are similar to those for flat-plate collectors with the exception that
hornizontal surfaces play an important role in determining the heat-transfer
characteristics of the building. In addition, a successful design for a solar
building includes a unique performance criterion that is not required of
active solar energy systems. A solar building should not only provide a high
level of thermal efficiency, it must also provide for the thermal comfort of
the occupants of the building. A fundamental understanding of natural
convection in enclosures with complicated geometries and complicated
thermal boundary conditions is important to designing efficient and com-
fortable solar buildings.

Common types of solar building components have been described pre-
viously (Fig. 5) and include direct gain, indirect gain and ventilation
cooling applications. Simple thermal models for these configurations are
shown in Fig. 40. In direct gain applications. one must predict thermal
stratification, temperature distributions, and heat transfer in a single zone
enclosure as a function of the location (horizontal or vertical wall) at which
heating or cooling occurs. In indirect gain applications, one would like to
know how the geometry of openings affects the transport of energy be-
tween building zones. Finally, in ventilation cooling applications one
would like to know how opening geometry affects the transport of energy
between the interior and exterior of the building. An understanding of
these transport processes is necessary for the sizing and orlentation of
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FiG. 40. Simple thermal models for solar building applications: see also Fig. 3. (a) Direct
gain, (b) indirect gain, (c) ventilation cooling.

thermal storage and apertures that maximize the performance of the build-
ing. In this section we will examine the contribution of natural convection
to heat transfer through the building envelope, heat transfer within a single
zone, and heat transfer between zones in solar buildings. Infiltration, and
forced convection heat transfer also are important in many building appli-
cations but are not considered here.

A. BUILDING ENVELOPE

The envelope of a building consists mostly of planar surfaces such as
walls and windows. The total heat loss under given climatic conditions
depends on infiltration rates, heat losses through walls and their insulation,
and heat losses and gains through windows. Natural convection plays an
important role in all these loss mechanisms.
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1. Single-Pane Windows

Single-pane windows constitute one of the largest sources of heat loss
from buildings, especially when they face north. A single-pane window can
be idealized as a vertical surface between two air reservoirs.

Lock and Ko [40], Anderson and Bejan [41], and Viskanta and Lank-
ford {43] have examined combined natural convection/conduction heat
transfer through a vertical plate separating two semi-infinite fluid reser-
voirs. Sparrow and Prakash [44] conducted a numerical analysis of an
enclosure with AR = 1, which was coupled through one conductive wall to
an external natural convection flow. The results of these studies can be
used to develop a general description of heat transfer through a single-pane
window. Figure 41 compares the relative importance of radiation losses to
internal convection heat losses through a single pane window as a function
of external wind velocity. It can be seen that the radiation and convection
heat losses are of the same order of magnitude in many building applica-
tions.

The natural convection heat-transfer coefficient used in Fig. 41 for zero
external wind is based upon the conjugate conductive/convective analysis
of Anderson and Bejan [41]. The natural convection heat-transfer coeffi-
cient for high external wind is based upon the boundary layer analysis of
Gill [91] and Bejan [92], assuming that the window’s surface temperature
approaches the external air temperature. The gradual decrease of /4/Any
with increasing temperature difference results from the dependence of 4,
upon (Ty — T¢)Y4. The shift in the two curves for different wind velocities
also results from the dependence of /., upon temperature difference.
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FiG. 41. Relative contributions of convective and radiative heat transfer through a single-
pane window: A,y = 0(T 4~ T tinsow)/(Ty — Tc), Tc =0°C.
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2. Double-Pane Windows

Most new buildings in the U.S. have double pane windows because of
their superior insulating qualities. Korpela et al. [93] carried out a series of
numerical experiments on high-aspect-ratio enclosures with the specific
application of double-pane windows in mind. Their primary goal was to
determine the optimum spacing between panes for minimum heat loss.
They found that as the AR was increased at constant window height, the
flow in the cavity exhibited, in succession, a conduction-dominated uni-
cellular flow, a multicellular flow, and finally reversion to a unicellular
flow. The final unicellular flow was not a boundary-layer flow but was in
the transition regime between conduction- and convection-dominated heat
transfer. The minimum heat transfer was found at the onset of multicellu-
lar flow. Korpela er al. [93] suggest the following formula for calculating
the optimum AR for minimum heat transfer as a function of Gry:

AR} + 5 AR?= 1.25 X 10~* Gry (43)

where Gry is the Grashof number and equals g8H?® AT/v? and H is the
height of the cavity. ElSherbiny et a/. [19] conducted an extensive series of
experiments in large aspect ratio enclosures. They found that for AR > 40,
the transition between conduction and convection dominated heat transfer
is independent of AR. Therefore, the optimum spacing for large AR,
double-pane windows depends only on the temperature difference across
the window and is independent of the height of the window. For large AR
Eq. (43) reduces to

Lo = 20(ver/gB AT)'? (44)

It is important to note that the (constant H/variable L) case considered by
Korpela, Lee, and Drummond [93] is different from the (constant L/vari-
able H) case previously considered by Bejan [94]. Bejan’s analysis assumes
boundary-layer flow and considers the dependence of Nu, on AR with
fixed plate spacing L and variable height H. Korpela et al. limited their
study to Gry numbers in the transitional region between conduction- and
boundary-layer dominated heat transfer and considered the dependence of
Nu, upon AR with fixed H and variable L. The analysis by Korpela ez al.
predicts the combination of Gry and AR that produces minimum heat
transfer at fixed A, whereas the analysis by Bejan gives the combination of
Gr, and AR that produces maximum heat transfer at fixed L.

B. SINGLE-BUILDING ZONES

An understanding of the impact of complicated boundary conditions
upon the natural convection pattern in enclosures resembling a room (i.e.,
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enclosures with aspect ratios of the order of one) is important to predict
natural convection heat transfer within a building. In building applications
one commonly encounters nonrectangular geometries with nonuniform
thermal boundary conditions with surfaces that are often not perfectly
smooth or straight. Flow patterns can be complicated by the presence of
internal obstructions such as wall hangings, window coverings, and furni-
ture. The thermal boundary conditions in building applications are gener-
ally three dimensional and can involve heating and cooling of several
surfaces. In comparison with a flat-plate collector that has only one heated
surface at the bottom and one cooled surface at the top, any building
surface can be thermally active, regardless of its orientation.

Heating and cooling of vertical surfaces produce an overall circulation
pattern similar to that seen in vertical flat-plate collectors (Fig. 9a). Floor
heating generates unstable vertical temperature gradients that can lead to
the formation of thermal plumes or Benard circulation similar to that
found in a horizontal flat-plate collector (Fig. 9¢). In buildings, combina-
tions of horizontal and vertical temperature gradients can occur within a
single building zone. The flows generated by these two types of tempera-
ture gradients compete with each other and their combined action deter-
mines the heat transfer, temperature distributions, and thermal stratifica-
tion levels in the buildings.

I. Triangular Spaces

Most studies of single-zone building heat transfer have been for rectan-
gular enclosures, whereas many building applications include nonrectan-
gular spaces. Notable exceptions to the rectangular studies are experimen-
tal studies of triangular enclosures by Flack er al. [95], Flack [96], and
Poulikakos and Bejan [97]. In addition, Akinsete and Coleman [98] and
Poulikakos and Bejan [99] conducted numerical studies of natural convec-
tion in triangular enclosures. Triangular spaces occur in A-frames, attics,
and rooms with cathedral ceilings or clerestories (Fig. 5). Flack ez al. [93]
measured the heat transfer in an air-filled horizontal isosceles triangular
enclosure by using a Wollaston prism/Schlieren interferometer. The base
of the enclosure was insulated and the upper enclosure had one isothermal
heated side and one isothermal cooled side. Their experiments showed that
the average Nusselt number was within 20% of that for a rectangular
enclosure, if the heated side of the triangle is used as the characteristic
length dimension. However, a strong conduction-dominated region
forrmed near the apex of the enclosure due to the physical proximity of the
hot and cold surfaces in that region. This conduction-dominated region
resulted in a sharp increase in heat transfer on the hot wall near the apex.



NATURAL CONVECTION IN SOLAR THERMAL SYSTEMS 51

Flack [96] used the same apparatus previously used by Flack er al. [95] to
examine the case when both upper sides of the enclosure were at the same
temperature, while the floor of the enclosure was maintained at a different
temperature. For stable heating (hot ceiling, cold floor) the heat transfer
varied at most by 10% from a pure conduction solution. Four horizontally
aligned Bernard cells formed along the axis of the enclosure during unsta-
ble heating (hot base, cold sides). The axis of rotation of the Benard cells
was perpendicular to the long axis of the enclosure. Poulikakos and Bejan
[97] considered natural convection in an air- or water-filled unstably
heated right-triangular enclosure. The flow was found to be turbulent
during the water experiments because of the high Rayleigh numbers
(Ra, ~ 108) that were reached during the water experiments. Poulikakos
and Bejan [97] report the following correlation for their air experiments

Nuy=0.345Ra%  for H/L=0.207 and 10=Ra, =107 (45)

Akinsete and Coleman [98] conducted a numerical study on a stably
heated right-triangular enclosure with 800 < Gr, < 6400, 0.0625 <
AR =1 and Pr=0.733. Like Flack [96], they determined that heat
transfer was conduction dominated for high-aspect-ratio enclosures, indi-
cated by a drastic drop in heat transfer as AR was increased. Poulikakos
and Bejan [99] conducted a two-dimensional transient numerical study of
an isosceles triangular enclosure with cold upper sides and a warm base.
They assumed that the fluid in the enclosure was initially isothermal at the
base temperature Ty, and at time ¢ = 0 the upper sides of the enclosure
were suddenly cooled to 7. For large AR enclosures, the transient Nusselt
numbers initially overshot their steady state values. This numerical solu-
tion assumed the presence of two symmetrical axially oriented rolls in
contrast to the transversely oriented rolls observed by Flack [96].

2. Heating and Cooling of Vertical Surfaces in Enclosures

The thermal boundary conditions in buildings heated by direct solar
gain are generally three dimensional, involve both horizontally and verti-
cally imposed temperature gradients, and include local and uniformly
distributed heat sources. Adjacent surfaces at different temperatures can
produce interactive flows. One recent study by Sparrow and Azevedo [100]
investigated whether heat transfer from a vertical plate would be different if
the edges were unshrouded (permitting possible lateral inflow of fluid
toward the plate) or if they were shrouded (thereby blocking the possible
inflow). Figure 42 illustrates the four lateral-edge configurations investi-
gated as well as the basic vertical flat-plate assembly. Configuration I
corresponds to the case of unshrouded and insulated lateral edges, configu-
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F1G. 42. Lateral-edge configurations used by Sparrow and Azevedo [100].

ration II corresponds to a hydrodynamic blockage with low thermal mass,
while configurations III and IV are similar to II but with a different
material. The dimensions defining the lateral-edge configurations are dis-
played in Table III, corresponding to the symbols in Fig. 42.

Experiments were performed under conditions corresponding to Ray-
leigh numbers from about 8.5 X 107 to 10° with Prandtl numbers essen-
tially constant at about 5. The results of this study are plotted in Fig. 43;
the data are correlated by the equation

Nug = 0.623 Ralf* (46)

where the pertinent length dimension in the Rayleigh number is the height
of the plate H. The key conclusion drawn by the authors is that lateral-edge
effects are negligible for plates with ratios of height to width of less than 1.5
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TABLE [II

DIMENSIONS DEFINING THE LATERAL-EDGE
CONFIGURATIONS®

Case L t F
I — — 1.4
II 2.54 0.011 1.4
111 2.54 0.635 1.4
4% 8.50 0.635 1.4

@ All dimensions are in centimeters.

and insensitivity to lateral-edge effects may be extrapolated to a height to
width ratio of as much as 4.

Bohn er al. [101] examined heat transfer in a cubical enclosure with
three-dimensionally heated and cooled vertical walls and found that the
temperature in the middle of the enclosure was a strong function of the
temperature distribution on the vertical walls of the enclosure. By using the
area-weighted bulk-temperature difference defined by

ATy, =Ty— T, Ty = 2 TiAi/z A, (47)

in the definition of the heat-transfer coefficient it was possible to express
the heat-transfer results for any combination of hot and cold vertical walls
by a single correlation. Bohn and Anderson [102] subsequently found that
the bulk temperature defined by Eq. (47) closely predicted the average core
temperature in a cubical enclosure with three-dimensional thermal bound-
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F1G. 43. Nusselt number results for the various lateral-edge configurations (from Sparrow
and Azevedo {100]).
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ary conditions on its vertical walls. This bulk-temperature-difference scal-
ing demonstrates that the heat transfer in the boundary-layer regime of an
enclosure with complicated thermal boundary conditions on vertical sur-
faces is driven by the temperature difference between a given surface and
the bulk fluid temperature in the core of the enclosure. If this scaling is not
observed, the heat transfer from a vertical surface in an enclosure with
complicated thermal boundary conditions on the vertical walls can appear
to be drastically different than that in an enclosure where one surface is
uniformly heated and one surface is uniformly cooled.

This point can be demonstrated by considering the example of an enclo-
sure with three heated vertical walls and one cooled vertical wall. For this
case, the bulk temperature difference is

AT, =(Ty—To)/4 (48)

and since Ty — T = AT, AT/AT, = 4.

Because the overall heat transfer to the cold surface for this example has
to be the same regardless of the temperature difference used to define the
heat-transfer coefficient, this implies

hy AT,=hAT or  hihy=1 (49)

Thus, the heat-transfer coefficient based upon AT will be one-quarter that
of the heat-transfer coefficient based upon AT, for the three-heated- and
one-cooled-wall geometry described above. This apparent discrepancy re-
sults from the choice of the temperature difference used to define the
heat-transfer coefficient; it does not indicate a change in the convective
heat-transfer mechanism. If AT}, is used rather than A7, the heat-transfer
coefficient remains constant regardless of the thermal boundary conditions
at the vertical walls of the enclosure. Bohn et al. [101] recommend the
following correlation for natural convection heat transfer in enclosures
with multiple heated and cooled vertical walls

hyL/k = 0.62 Ra%?® (50)

Depending upon window location, direct solar gain may produce many
localized, heated areas rather than a uniformly heated wall. Jaluria [103]
conducted a numerical study of the interaction of multiple horizontal
heated strips on a vertical surface in the boundary layer regime. He found
that the velocity increased and the temperature decreased as the fluid
moved downstream from the region being heated. Downstream heaters
experienced heat-transfer enhancement provided they were far enough
downstream to benefit from the added velocity induced by upstream
heaters, without being exposed to hot fluid.

A majority of experiments with Rayleigh numbers in the range corre-
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sponding to full-scale buildings’ interior spaces (~10'°) have been per-
formed with water and Freon using small-scale laboratory test cells.
Workers at Los Alamos National Laboratory (see Yamaguchi [104]) have
used freon in small-scale tests so that high Rayleigh numbers can be
achieved in small enclosures. Small-scale testing can be simpler, quicker.
and cheaper to accomplish than equivalent full-scale testing, but there is
always some uncertainty regarding the degree to which the small-scale test
actually models the full-scale situation. Olsen er al. [105] recently at-
tempted to answer this question by conducting simultaneous small-scale
and full-scale experiments over the range | X 109 =< Ra, =35 X 10'°
Olsen er al. [105] used Freon® 114 gas in the scale model. The physical
capabilities of the full-scale and small-scale experiments are shown in
Table IV. A comparison between temperature measurements in the full-
scale and small-scale experiment is shown in Figs. 44 and 45. Figure 44
shows a comparison of vertical temperature profiles taken midway be-
tween the hot and cold vertical walls, and Fig. 45 shows a comparison of
horizontal temperature profiles taken near the heated vertical wall.

Olsen et al. performed flow visualization experiments by injecting a
neutrally buoyant smoke tracer. The vertical boundary layers on the
heated and cooled surfaces were turbulent, characterized visibly by ran-
dom eddy motion. Once the hot boundary layer reached the ceiling, it
turned the corner and flowed along the ceiling toward the cold wall looking
like a turbulent jet. When it reached the top of the cold wall, some of the

TABLE IV

CHARACTERISTICS OF FULL-SCALE AND SMALL-SCALE EXPERIMENTS?

Full scale Small scale

Dimensions

Height, # 2.6m 49 cm

Width, W 39m 69 cm

Length, L 79 m 136 cm
Aspect ratios

Height/length AR, 0.33 0.36

Height/width AR, 0.67 0.71
Prandtl number, Pr 0.7 0.8
Grashoff number, Gry 1-5X 10 1-5X 10
Typical hot-wall temperatures 25-40°C 25-50°C
Typical cold-wall temperatures 5-10°C 5-10°C
Emissivity of heating and cooling surfaces low low
Emissivity of floor and ceiling high high
Emissivity of side walls high low

@ Experiments done by Olsen et al. [105].
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FiG. 44. Comparison of temperature versus height for the prototype and scale model
midway between the hot and cold walls (from Olsen et al. [105]).

flow reversed direction, proceeding all the way back to the hot wall directly
beneath the ceiling jet. A similar two-layer structure occurs near the floor,
driven by the cold wall boundary layer. Although there were some differ-
ences in the magnitude of the core vertical temperature profiles (see Fig.
44), which were apparently a result of different thermal boundary condi-
tions on the floor and ceiling in the small and large test cells, these
differences did not affect the flow patterns or turbulent nature of the
vertical boundary layers. The temperature measurements taken near the
heated wall show qualitative agreement between the full and small scale.
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F1G. 45. Comparison of dimensionless temperature versus distance from the wall for the
prototype and scale model hot-wall boundary layers (from Olsen et al. [105]).
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There are a number of advantages associated with the use of liquids
rather than gases in scale model studies. Fluids generally have higher
thermal conductivities than gases, making it easier to approach adiabatic
conditions on insulated walls. Also, the high density of liquids makes it
relatively easy to suspend neutrally buoyant particles for use in flow visual-
ization experiments or local velocity measurements. Direct application of
the results from experiments that use fluids to buildings is based on the
observation that, at high Rayleigh numbers, the Prandtl number effect on
average heat transfer is largely accounted for by the Rayleigh number
(Rag = Gry X Pr).

Churchill and Chu [106] have successfully correlated experimental data
for average natural convection heat transfer from a vertical plate in an
unconfined medium for both laminar and turbulent regimes. Their corre-
lation has the form

Nulf? = 0.825 + 0.387 Ralf*/'"¥(Pr) (51)
with
¥(Pr) = [1 + 0.492/Pr¥/16]8127 (52)

The weak dependence of W(Pr) upon the Prandtl number tends to
support the conclusion that average heat-transfer results are only weakly
dependent upon the Prandtl number, provided that the Nusselt number is
correlated as a function of the Rayleigh number. Numerical and experi-
mental studies of natural convection in enclosures also exhibit only a weak
dependence upon Prandtl number; however, experimental data for transi-
tional and turbulent flows in enclosures are somewhat limited at the
present time. Additional studies are required to fully determine the errors
associated with the use of liquids to model transitional and turbulent
natural convection in buildings.

3. Heating and Cooling of Vertical and Horizontal Surfaces in Enclosures

In solar buildings the hot and cold surfaces result from the presence of
windows, thermal storage walls, auxiliary heating systems or solar illumi-
nation. In many cases of interest, both horizontal and vertical surfaces will
be thermally active. A summary of natural convection studies for heat
transfer to and/or from hornizontal and vertical surfaces in single zone
enclosures is shown in Table V. In all of these studies, two of the vertical
walls on opposite sides of the enclosures were adiabatic. In our discussion
we will use a shorthand notation consisting of four letters to specify the
thermal boundary conditions on the remaining four walls of the enclo-
sures, with H signifying an isothermal heated wall, C signifying an isother-



TABLE V

SUMMARY OF ENCLOSURE CONVECTION STUDIES WITH VERTICAL AND HORIZONTAL HEAT FLUXES

Configuration Parameters Reference
Pr=1.8X 104 8.8 X 10* Ostrach and Raghavan [107]
H 40X 10*=Ra=5.1X10*
A=13
c H 0s Q=176.7
C
Pr=89X 104 Fu and Ostrach [108]
H 2.29 X 10*=Ra=5.99 X 10
A=
c H 0=Q=s6
C
c
c H
Pr=0.71 Shiralkar and Tien [109)
H 10°=Ra = 106
A=1
H -5=0Q=5
c H
c
C
Cc H
H
H Pr=6.7 ' Kirkpatrick and Bohn [110,
04X 10Y9=Ras7X10'" 111]
H A=1
Q=0,1,x
H
G
C C
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TABLE V (Continued)

Configuration Parameters Reference

E Pr=10.7 Ozoe et al [112]
Ra=10¢

AR =1

Pr=6.7 Anderson et al. [113]
I X 10" =Raf=1X10"

AR =1
>, Q(ay) 0=sPWR=x
PWR = g3/q4

Q(qp)
4 0.7=Pr=10 Anderson and Laurat [117]
I X 10=Ray=1X10"

AR =1

il
Q

mal cooled wall, Q signifying a constant flux heated wall and A signifying
an adiabatic wall. The first letter in the sequence specifies the thermal
boundary condition on the floor of the enclosure, followed by the thermal
boundary condition on the right-hand-side wall, the ceiling, and finally
left-hand-side wall of the enclosure. For example, the notation AHAC
refers to the classical problem of an enclosure with heated and cooled
vertical walls opposite to each other and adiabatic floor and ceiling sur-
faces.

Ostrach and Raghaven [107] and Fu and Ostrach [108] experimentally
studied natural convection in enclosures with the configuration CHHC.
They expected that the stable vertical temperature gradient caused by the
cooled floor and heated ceiling would tend to damp out the natural con-
vection flow in the enclosure. In both of these studies, the velocity distri-
butions were measured by tracking the movement of particles suspended
in large Prandtl number silicone oils. It was found that the imposition of a
stable vertical temperature gradient caused a reduction in the velocity in
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the boundary layers next to the vertical walls and that small secondary
circulation cells formed near the upper portion of the heated vertical wall
and the lower portion of the cooled vertical wall.

Shiralkar and Tien [109] conducted numerical studies with stable and
unstable vertical temperature gradients, corresponding to configurations
HHCC and CHHC. Thermal instabilities such as Benard cells or thermal
plumes were not observed when the enclosure was unstably heated. The
temperature distribution in the core was found to be strongly dependent
upon the heating configuration.

The controlling parameter that determines the relative strength of the
vertical and horizontal temperature gradients is €2, defined as the ratio of
the two temperature differences (77 — Tg) and (T — T¢), where (T — Ty)
is the difference between the temperature of the top surface 77 and the
bottom surface Ty while (T — T¢) is the difference between the thermally
active sidewalls. Stable heating (CHHC) produced a motionless core with a
high level of thermal stratification whereas unstable heating (HHCC) in-
duced enough motion in the core to make it almost isothermal. Shiralkar
and Tien found that the heat transfer from the vertical side walls increased
with increasing Q (= (71 — T)/(Tu — T¢)} in enclosures with stable verti-
cal temperature gradient because of the preheating or precooling caused by
the floor and ceiling. This result indicates that the increase in (7y — T3) or
(Tr — T¢), which occurs with increasing 2, more than compensates for any
corresponding velocity reduction caused by the imposition of a stable
vertical temperature gradient.

Kirkpatrick and Bohn [110, 111] conducted a series of experiments in a
water-filled cubical enclosure that was heated from below, while the ther-
mal boundary conditions for two side walls and the top were varied. They
tested the configurations HACA, HHCC, HHHC, and HCCC at Rayleigh
numbers four orders of magnitude higher than in previous studies. They
found that the thermal boundary condition at the top of the enclosure
strongly influenced the temperature distribution and flow structure. When
the vertical temperature gradient was reduced to zero by heating the ceiling
(configuration HHHC) the fluid in the core was highly stratified. Unstable
heating generated turbulent thermal plumes at the top and bottom surfaces
and destroyed the thermal stratification in the core of the enclosure.

Ozoe et al. [112] used numerical calculations with a two-equation model
of turbulence to study the building configuration HAAC. Only 57% of the
cooled wall was thermally active, to simulate a wall with a cold window.
The remainder of the cooled wall was insulated. The calculations of Ozoe
et al. [112] were carried out for only one Rayleigh number (Ra, = 10°) and
a Prandtl number of 0.7. They found the flow to be three dimensional with
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weak spiral flows near the side walls. A value of Ra, = 10¢ placed their
turbulent calculations intermediate to the onset of the turbulent regime at
Ra = 10? in natural convection next to a vertical surface in an unconfined
fluid, and at Ra = 10* for convection in an enclosure with a heated floor
and a cooled ceiling. The calculations showed that the flow next to the
floor consists of a horizontal boundary layer with no evidence of thermal
instabilities.

Anderson et al. [113] experimentally examined the flow structure, heat
transfer, thermal stratification, and temperature distributions in a closed
cavity with the boundary condition QQAC. The ceiling and side walls of
the cavity were insulated, the floor and one vertical wall were electrically
heated, and the opposite vertical wall was cooled. They varied the level of
heating provided to the floor and wall between 0 = PWR = «, The param-
eter PWR is defined as the ratio of the energy per unit area convected from
the floor divided by the energy per unit area convected from the vertical
wall. The condition PWR = 0 corresponds to a closed cavity with differen-
tially heated end walls. When PWR = <, the problem reduces to that of a
cavity with a constant flux heated floor and a cooled vertical wall, similar
to that studied by Ozoe et al. [112]. Anderson et al. [113] found that the
level of the thermal stratification in the cavity is a strong function of the
level of heating provided to the floor (see Fig. 46). The minimum level of
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FiG. 46. Thermal stratification as a function of the relative levels of floor and wall heating
in a direct gain zone (from Anderson ez al. [113]).
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FiG. 47. Convective losses as a function of the relative levels of floor and wall heating in a
direct gain zone (from Anderson ez al. [113]).

thermal stratification occurred for pure floor heating (PWR = ). Ander-
son et al. [114] used these results to calculate the total convective losses
from a direct gain zone over the range 0 < PWR = 4. Their results are
plotted in Fig. 47. The convective losses for PWR = 4 were found to be less
than half of the convective losses for PWR = 0. They concluded that floor
heating is more effective than wall heating for maintaining room tempera-
ture in a single building zone because floor heating minimizes the level of
thermal stratification. Side wall heating causes a high level of thermal
stratification, which increases convective losses to the cold surface. The
experiments of Anderson ez al. [113] covered the range 10'! =< Ra¥ =< 103
with Pr = 6.7. The flow next to the floor was found to be an extremely
stable horizontal boundary layer, indicating that natural convection in
enclosures with adiabatic ceiling behaves entirely differently from natural
convection in enclosures with cooled ceilings. The following correlation is
proposed for the temperature in the core of the enclosure as a function of
the heat convected from the floor and vertical wall.

(Teore — TK
quH

= 40.74 RaZ%,

I  PWR | )
—~ 0.304{5 +— g [0:454 +0.001 PWR]} (53)

This correlation can be used to calculate the combination of floor and
wall heating required to maintain a given air temperature in a single
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building zone with a vertical cold surface. Anderson et al. also provide
correlations for surface temperatures, thermal stratification, and heat
transfer.

The natural convection flow within an enclosure differs from an external
natural convection flow in an unconfined medium because it recirculates
and thus interacts with itself. It is difficult to model this interaction accu-
rately by applying external flow results to internal flows. However, because
results for internal flows did not exist until recently, the common practice
has been to calculate building heat loads based upon external flow results.
Bauman et al. [115] compared results for external and internal flows and
found the heat transfer calculated from internal results to be 30-50%
lower than results based upon external situations. Based upon these find-
ings, Altmayer er al. [116] conducted a series of numerical experiments
aimed at developing an improved set of correlations for use in rooms with
isothermal heating and cooling of two vertical side walls. They succeeded,
but the correlations are substantially more complicated to use then other
methods.

Anderson and Lauriat [117] conducted a numerical study of natural
convection in a closed cavity with an isothermal vertical wall and a heated
floor. The heat transfer and flow patterns were calculated for cases where
the floor was isothermal as well as for cases when the floor was a constant
heat-flux surface (configurations HAAC and QAAC). A horizontal bound-
ary layer was found to form adjacent to the heated floor, in agreement with
numerical calculations by Ozoe et al. [112] and experimental observations
by Anderson et al. [113]. The calculated structure of the horizontal bound-
ary layer is shown in Fig. 48. A comparison of the heat-transfer results with
correlations for horizontal and vertical surfaces in an unconfined medium,
showed that the unconfined medium correlations overpredict heat transfer
from the vertical wall by 13% and underpredict heat transfer from the floor
by 40%. The primary reason for the difference between the unconfined
medium results for external flow and enclosure results for internal flow is
the temperature difference used to define the heat-transfer coefficient. In
external flows this temperature difference is taken to be the temperature of
the surface minus the temperature of the ambient fluid, whereas in an
enclosure, the temperature difference that determines the heat transfer
from a given surface is the temperature of the surface in question minus
the temperature of the surface located in the upstream flow direction.

4. Surface Roughness Effects

Room surfaces can have uniformly distributed roughness elements, for
example, a masonry wall, or they can have isolated projections due to
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FiG. 48. Horizontal boundary layer structure in an enclosure (from Anderson et al. [114]).

windowsills, door soffits or ceiling beams. Anderson and Bohn [36] exam-
ined the eifect on heat transfer of distributed roughness elements with the
same length scale as the thermal boundary layer. They found that rough-
ness was most effective for an isothermal wall, producing an average
increase in total heat transfer of 10~ 15% and local increases of as much as
40%. The influence of the roughness elements upon the location of transi-
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tion is shown in Fig. 49 for a constant-flux thermal boundary condition.
The single solid line on Fig. 49 is the best fit curve demarking transition
from laminar to turbulent flow in the absence of roughness. Transition in
enclosures with heated and cooled vertical walls is delayed compared with
transition for an isolated vertical surface (Fig. 49) [117a]. This delayed
transition is caused by the strong thermal stratification in the core of the
enclosure flow. The thermal stratification stabilizes the boundary layer by
reducing the buoyancy force compared with an external flow in isothermal
surroundings. Finite-size roughness elements in natural convection flows
have been considered by Nansteel and Greif [118], ElSherbiny er al. [119],
and Al-Arabi and El-Refaee [120]. Nansteel and Greif considered down-
ward projections from the ceiling of an enclosure typical of door soffits.
They found regions of intense turbulence downstream of the projections in
a water-filled apparatus at Ra, = 10'!. These turbulent regions did not
exist if the projection extended across the entire width of the enclosure.
ElSherbiny et al. [119] performed experiments in an enclosure with one
V-corrugated and one flat surface. They found that the heat-transfer coeffi-
cient increased by up to 50% compared with an enclosure with two smooth
surfaces. Al-Arabi and El-Rafaee [120] studied natural convection from an
isolated V-corrugated plate. They also found this configuration provided
higher heat transfer than a finned plate. -
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FiG. 49. Transition in an enclosure with a constant-flux heated surface. O, rough surface;
+, smooth surface (from Anderson and Bohn [36]), The cross-hatched area is representative
of the onset of transition for a heated plate in a semi-infinite medium as measured by Jaluria
and Gebhart [{17a].
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FiG. 50. Boundary-layer flow over horizontal roughness elements on a vertical surface
(from Shakerin et al. [121]).

All of the studies mentioned above considered surface roughness in the
context of heat-transfer enhancement. Surface roughness can also have the
effect of blocking the natural convection flow and reducing heat transfer.
Shakerin er al. [121] conducted a series of numerical and laboratory exper-
iments with single and double roughness elements attached horizontally to
a heated vertical surface in a rectangular enclosure. They found that if the
spacing between the roughness elements was smaller than the height of the
roughness element, then there was significant reduction in the ability of the
natural convection flow to penetrate the space between the roughness
elements. This effect is clearly shown in Fig. 50 for an experiment con-
ducted in a water-filled enclosure. Dye was injected near the velocity
maximum in the boundary layer next to the heated vertical wall. When the
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spacing between the roughness elements was reduced (Fig. 50b), the pene-
tration depth of the dye was also reduced.

C. MULTIPLE BUILDING ZONES

Heat transfer between rooms separated by a partition in passive solar
buildings occurs almost entirely by natural convection if the area of the
flow aperture (e.g., doorway) is appreciably smaller than the overall cross-
sectional area of the partition. Two approaches have been used to analyze
interzonal convection in buildings. In one of these inviscid flow through a
partition bounded by semi-infinite isothermal fluid reservoirs with differ-
ent temperatures is assumed. This approach provides an accurate descrip-
tion of the flow through the partition under conditions of pure natural and
forced/free convection when boundary layers are not important, but it
predicts incorrect scaling for heat transfer when the flow is dominated by
thermal boundary layers on the walls of the enclosure. The other approach
recognizes the importance of the thermal boundary layers for interzone
natural convection and thus heat-transfer results can be scaled correctly
when thermal sources are present.

1. Bulk Density Driven Flow

Studies that have examined flow driven entirely by bulk density differ-
ences between zones include those of Emswiler [122], Brown and Solvason
[123], Graf [124], Balcomb and Yamaguchi [125], and Kirkpatrick er al.
[126]. Emswiler calculated the flow between zones with different density.
fluids for a partition with multiple openings by using Bernoulli’s equation,
but he did not treat the heat-transfer aspects of the problem. Brown and
Solvason [123] conducted heat-transfer measurements in an air-filled en-
closure that was divided into hot and cold regions by a single partition with
a small variable-size opening. They developed an analytical expression for
the heat transfer through the partition by the relation

3/2
Nuy = % (7—2’/) (—Ii—,) (Ray Pr)'? (54)

The constant C appearing in Eq. (54) is the discharge coefficient for the
aperture and can have values C = 0.595 [127]. The parameters //H and
w/ W are the ratios of doorway height to total enclosure height and door-



68 REN ANDERSON AND FrRANK KREITH

way width to total enclosure width, respectively. The temperature differ-
ence used in the definition of Nuy and Ray in Eq. (54) is the temperature
difference between the fluid in the hot and cold zones. Graf [124] exam-
ined invicid mixed forced and free convection by adding the pressure
contribution from the forced flow to the pressure produced by the density
differences between the fluid reservoirs. Examples of flow profiles resulting
from the inviscid calculations are shown in Fig. 51. Balcomb and Yama-
guchi [125] prepared a summary of velocity and temperature measure-
ments taken in an occupied solar building. Kirkpatrick er al. [126] ex-
tended the model proposed by Brown and Solvason to include the effects
of thermal stratification in the fluid reservoirs on either side of the parti-
tion. They measured thermal stratification levels in an unoccupied solar
building and found that they could use their model to make accurate
predictions of airflow and heat transfer that occurred as a result of the
measured temperature differences between building zones.

2. Boundary Layer Driven Flow

In many building applications the heat transfer and fluid flow between
zones are dominated by thin boundary layers that form next to heated and
cooled surfaces. Studies of flow through two-dimensional partitions in the
boundary layer region have been made by Janikowski er al. [128], Bejan
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Fig. 51. Interzone flow profiles predicted by using Bernoulli’s equation and assuming
isothermal fluid reservoirs on either side of the partition; the skewed velocity profile is
attributable to combined forcing pressure and density difference between the fluid reservoirs.
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and Rossie [129], Nansteel and Greif [130], Bajorek and Lloyd [131],
Chang et al. [132], Lin and Bejan [133], and Nansteel and Greif [118].
These studies were experimental, with the exception of Chang’s, who used
a finite-difference model for a geometry similar to that for the experimen-
tal work by Bajorek and Lloyd. Lin and Bejan, in addition to their experi-
mental results, provided a perturbation solution valid in the limit Ra — 0.
The only three-dimensional study is that by Nansteel and Greif [118] who
considered a partition with a rectangular opening. A summary of the
geometries and boundary conditions of these papers is shown in Table V1.
Nansteel and Greif [130] and Lin and Bejan [133] demonstrated that the
presence of a partition between zones tends to reduce the natural convec-
tion boundary-layer flow in subregions that are subjected to stable thermal
boundary conditions. This effect reduces the wall area exposed to the
primary boundary-layer flow and results in an overall reduction in the
convective heat transfer between the hot and cold surfaces on either side of
the partition. Nansteel and Greif [118] correlated their data to include this
effect. Their correlation is

Nug = 0.915(//H)%%! Rad?7 (53)

The ranges of parameters for the above were

l<//H=1 (56)
and

w/W = 0.093 (57)

The temperature difference used in the evaluation of Nuy and Rag in
Eq. (55) is the temperature difference between the hot and cold end walls of
the enclosure. Nansteel and Greif found that Eq. (55) can be used for width
ratios w/W larger than 0.093 with a maximum error of 5-10%. The
independence of heat transfer from doorway width in the boundary-layer
regime is a result of the relative thinness of the boundary layer compared
with the dimensions of the doorway. g

If the area of the aperture is smaller than the area required for the
passage of the boundary-layer flow, then the boundary-layer flow will have
to accelerate to pass through the aperture. The additional driving force
required to convect the flow through the aperture can only be provided by
the creation of bulk density differences between the hot and cold zones of
the enclosure. The flow area, Ay, required by the boundary layers on
heated and cooled surfaces can be calculated by summing the product of
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TABLE VI

SUMMARY OF INTERZONE NATURAL CONVECTION STUDIES

Configuration Type, parameters Reference
T T Air-filled Janikowski er al. [128]
Gr, = 1.1 X 108
H C{ |H C HIL covis™= 9
] |
Py Water-filled Bejan and Rossie [129]
Nt 5X 10 < Ra, = 5X 107
e b HlLya =1

Water-filled Nanstee!l and Greif [130]
3 | 2X10®%sRa, =1 X 10"
Tic H/ L eociouure = 1

Air-filled, CO,-filled Bajorek and Lloyd [131]
103 = Gr, =3 X 10¢

Air-filled Chang et al. [132]
10 = Gr, = 10®

> Water-filled Lin and Bejan [[33]
10° = Ra, = 10'° ;
P = C H/L, poeure = 0.31
(

Water-filled Nansteel and Greif [118]
e e 101 < Ra, = 1Q"

-«r——-l
4

_..__L_l._.+__

Water-filled Scott et al. [135]
10" < Ra, = 10%




NATURAL CONVECTION IN SOLAR THERMAL SYSTEMS 71

the thickness and width of each boundary layer in the enclosure, i.e.,

N
Ay = 2 (6W), (38)
n=1|
According to the model described above, flow blockage will occur when

N
Ag/lw =3 (6W),/lw~ 1 (59)

For laminar flow it can be shown [134] that the natural convection
boundary-layer thickness next to a vertical surface is scaled by the relation-
ship

J/H ~ 1/Ra}!/? (60)

If we assume that the height, width, and average heat flux from each
active surface are H, W, and gq”, respectively, then the flow blockage
criteria expressed by Eq. (59) can be rearranged into the simple form

[ w N
WW ™ Rap® (61)

The left-hand side of Eq. (61) is the ratio of the area of the aperture to the
cross-sectional area of the enclosure and » is the number of active heat
transfer surfaces in the enclosure. Equation (61) predicts that the onset of
flow blockage is directly proportional to the number of active heat-transfer
surfaces and is inversely proportional to the Rayleigh number that charac-
terizes the natural convection flow.

A comparison between Eq. (54) and Eq. (55) demonstrates that the
natural convection flow regime that governs the flow through the aperture
(bulk density driven or boundary-layer driven) has a strong impact upon
the geometric dependence of the heat-transfer coefficient. In the bulk
density driven regime [Eq. (54)] the heat transfer between zones depends
strongly upon both the aperture height ratio //H and the aperture width
ratio w/W. In the boundary-layer regime (Eq. 55) the heat transfer between
zones depends weakly upon the aperture height ratio and appears to be
independent of the aperture width ratio. Because of these differences, it is
important to be able to predict when a multizone flow is in the bulk density
driven or boundary layer driven regime. Scott, Anderson, and Figliola
[135] conducted an experimental investigation to determine the onset of
blockage of natural convection boundary-layer flow in a two-zone cavity
with differentially heated end walls. They varied the width of the aperture
between the zones while measuring the heat transfer and temperature
distributions within the cavity. They found that flow blockage occurred
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when the area of the aperture was reduced below a critical value which was
in qualitative agreement: with Eq. (61). The temperature difference
between the hot and cold zone reported by Scott et al. [135] is shown as a
function of aperture width ratio in Fig. 52.

The data shown in Fig. 52 are for a constant zone-to-zone convective
energy transport rate of 500 W. Also shown on Fig. 52 is the zone-to-zone
temperature difference predicted by bulk density model of Brown and
Solvason [123] [Eq. (54)]. As the width of the flow opening is reduced, the
experimental data demonstrate that the zone-to-zone temperature differ-
ence required by the boundary-layer flow does not increase dramatically
until w/W =< 0.10. A flow driven by bulk density differences, on the other
hand, requires a steady increase in zone-to-zone temperature difference as
the width of the flow aperture is reduced. This result demonstrates that
boundary-layer flows more than potential to transport energy without
requiring large zone-to-zone temperatures particularly in critical flow ap-
plications where flow aperture areas are limited.

3. Trombe Walls

The two-zone studies described above assumed that the zones on either
side of the dividing partition have the same aspect ratios. In a Trombe wall
the width of the direct gain zone is reduced until it becomes a vertical duct
bounded by the window surface and the absorbing wall surface (Fig. 5b).
The first studies of natural convection between vertical parallel plates were
performed by Elenbaas [136] and Ostrach [137] for fully developed flows.
Studies with specific applications to solar buildings have been done by
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F1G. 52. Boundary-layer flow blockage in a two-zone enclosure (from Scott er al. [135]).
c=0.6.
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Akbari and Borgers [138], Allen and Hayes [139], Tasdemiroglu er al.
[140] and Ormiston, Raithby, and Hollands [141]. Bodoia and Osterle
[142] considered the problem of developing flow between two isothermal
plates with the same temperature. Miyatake and Fujii [143] and Mivatake
et al. [144] calculated developing flow between two vertical plates when
one plate was insulated and the other was an isothermal or constant flux
surface. Aung et al. [145] conducted a numerical and experimental inves-
tigation of developing natural convection flow in a vertical duct with
asymmetric side wall heating for both constant heat flux and constant
temperature boundary conditions. Aung et al. [145] considered variable
levels of the temperature or heat flux on the two side walls.

All of the studies referenced above that used numerical calculations
assumed that the flow between the plates was parabolic and specified the
velocity profile of the entering flow. Kettleborough [146] used an elliptic
calculation method and found that regions of reverse flow could exist,
particularly at high Rayleigh numbers. Sparrow et al. [147] observed flow
reversals near the exit of a vertical channel with one insulated side wall and
one isothermal side wall, but found that the average Nusselt number was
unaffected by the presence of the recirculating zone. Sparrow et al. [148]
considered natural convection combined with radiation in a vertical chan-
nel with one insulated wall and one isothermal wall. They found that the
radiative transport between the walls increased the convective heat transfer
by 50-70% for 1.1 = Ty/T. = 1.25, where T, is the temperature of the
fluid entering the channel.

The effect of channel width upon natural convection heat transfer be-
tween vertical parallel plates was studied experimentally by Sparrow and
Azevedo [149]. They found that heat transfer was reduced dramatically if
the width of the channel had the same order of magnitude as the bound-
ary-layer thickness. The reduction in convective heat transfer that was
measured in their experiment is plotted for different channel spacing in
Fig. 53. Sparrow and Azevedo were able to reduce all of their data to a
single curve by plotting the data as shown in Fig. 54. Their final correlation
for heat transfer over the entire range of plate spacing 0.011 = L/H = 0.5
and 3 = Ra,(L/H)=10%is

— 12 2 1 A 2|12
Nu, = {((L/HRao) Eh (0.619<L/H Raa“‘) } (62)

Based upon their results, the channel width should satisfy the following
inequality to avoid flow blockage effects

(L/H)Ray* =5 (63)
For a typical building application with Rag; ~ 10'® and H ~ 3 m, the
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RaH x 108

F1G. 53. Natural convection heat transfer as a function of channel with L (from Sparrow
and Azevedo [149]).

channel width calculated from Eq. (62) is
L=47 cm (64)

The equation assumes that there are no flow restrictions at the entrance
and exit of the Trombe wall. In real applications that involve entrance and
exit losses, the width of the duct at the entrance and exit should be
increased beyond that recommended by Egs. (63) and (64).

Ormiston et al. [141] completed a series of numerical calculations of
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F1G. 54. Nusselt number correlation for natural convection in a parallel plate channel
(from Sparrow er al. [149]).
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natural convection for a Trombe wall channel that was coupled to a cold
sink in a single-building zone. The problem was idealized by assuming that
the cold sink was a perfect heat exchanger located in a trapezoidal volume
near one end of the building zone. They found that their calculated heat-
transfer results were 10% lower than the experimental results of Elenbaas
[136] for parallel heated surfaces in an infinite medium. They attributed
the difference to entrance and exit losses due to the turning of the flow at
the top and bottom of the Trombe wall channel.

Tasdemiroglu et al. [140] conducted side-by-side tests of buildings, with
and without a Trombe wall. They measured temperature distributions and
incident solar radiation at intervals of 30 min and calculated the perform-
ance of the Trombe wall system. They found that the Trombe wall trans-
mitted 15-35% of the incident solar radiation to the interior of the house.

IV. Summary and Conclusions

A. ACTIVE SOLAR COLLECTORS

There is a great deal of information available on natural convection
phenomena under conditions and geometric configurations used in active
solar collection systems. This information is adequate for calculating the
heat loss by natural convection from flat-plate collectors at any orienta-
tion, but some of the scientific aspects of natural convection in small aspect
ratio configurations used in convection suppression applications still elude
complete explanations.

Available data on natural convection in line-focusing compound-para-
bolic configurations is adequate to estimate the heat loss in this type of
collection system. Similarly, available information is adequate for estimat-
ing the heat loss in the annular space of line-focusing parabolic trough
configurations, but most of the information is for uniform heat flux or
uniform temperature boundary conditions. In real systems, the solar en-
ergy is reflected only onto a part of the receiver and there is relatively little
information on the effect of nonuniform temperature or heat flux on the
flow and heat loss in geometric configurations such as an annulus.

For point-focusing systems, there appears to be adequate information to
calculate the heat loss from external-type central receivers. On the other
hand our understanding of the mechanism and our ability to calculate
natural convection losses from cavity-type central receivers is poor and
additional work is required to clarify the situation. For parabolic dish
receivers, relatively little experimental and analytic information exists. The
situation is particularly complex because a receiver in such a system is in
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continuous motion, causing the orientation of the cavity with respect to the
gravity vector to change during the day. In fact, only a single reference was
found that deals specifically with natural convection loss from cavity
receivers of point focusing parabolic dishes.

B. SoLAR BUILDINGS

Natural convection is a primary heat transport mechanism in solar
buildings. Geometries of buildings are usually complex and, until recently,
information on natural convection was essentially confined to heating and
cooling of the floor and ceiling or of opposite vertical walls in single-zone
rectangular enclosures. Only 1n recent years has research been conducted
on heat transfer by natural convection in enclosures with complex geome-
tries and nonuniform thermal boundary conditions such as those found in
real building applications. As a result of this research, it is now possible to
predict thermal stratification and heat-transfer rates as a function of ther-
mal boundary conditions in rectangular and triangular enclosures, as well
as in simple single-level, multizone configurations. There are several nu-
merical codes available to predict natural convection flow in enclosures
and their range of applicability and reliability for solar building energy
simulation could be improved dramatically by validating them with some
current research results. Because of the wide range of geometries and
thermal boundary conditions that are encountered in building design,
there are a number of research areas that require further consideration.
Some of the most important of these areas are summarized below.

Most buildings operate with Rayleigh numbers large enough that at least
a portion of the boundary layer over the interior and exterior walls is
turbulent. A good deal of work has been done on the transition to turbu-
lent flow in enclosures with large aspect ratios (like flat-plate collectors),
but there is a need for additional analytical and experimental studies of
transition as well as turbulent natural convection in enclosures with aspect
ratio of order |, the geometry found in rooms of residential and commer-
cial buildings. In particular, there is a need to determine the effect of
Prandtl number upon heat transfer in the transitional and laminar regimes.

Real buildings consist of several rooms at different levels. Consequently,
natural convection occurs in multiple flow paths, both in the horizontal
and vertical direction. Most heat-transfer studies of interzonal flows driven
by natural convection have been limited to single-level geometries. There
exists a real need to extend available information to three-dimensional
flows in complex geometries, particularly those encountered in rooms at
different levels, or shafts and connecting spaces as encountered in commer-
cial buildings and astria.



NATURAL CONVECTION IN SOLAR THERMAL SYSTEMS 77

Most laboratory investigations have been conducted in enclosures that
have relatively smooth surfaces. In real buildings, however, there are fur-
nishings such as draperies, blinds, and furniture, as well as obstructions
such as door soffits that can interfere with normal boundary-layer flow.
Our understanding of the effects of such real world amenities in buildings
on the predictions based on laboratory experiments is limited. It is impor-
tant to quantify these effects in order to determine the extent to which
results from idealized experiments can be applied to the real world.

In many building applications the natural convection flows described in
this paper interact with forced flow generated by auxiliary space condition-
ing systems. Very little is known about the combination of Rayleigh-
Reynolds number ranges over which forced flow appreciably affects the
results of natural convection predictions in enclosures.

We believe that building heat transfer information can be more conve-
niently and more cheaply obtained with water or Freon in small-scale
models, than with air in full-scale models. However, there is a reluctance
among architects to accept results obtained in model studies. Therefore, a
carefully controlled experimental program aimed at convincing potential
users of the validity and usefulness of correlations obtained from small
scale models would be important.

A number of the areas described above are the subject of ongoing
research efforts and substantial additional information should be available
in the next five or ten years. [t may take longer, however, to integrate this
information into the architectural design methodology, and we recom-
mend that a serious effort continue to be made to package the results of
research in the thermal sciences in a form that can easily be used by
architects to reduce energy consumption without sacnificing human com-
fort.

NOMENCLATURE
A, aperture area m? h specific enthalpy J/kg
A, receiver area m? A, average convective W/m? °C
AR aspect ratio, H/L heat-transfer
o concentration ratio coefficient
AJA, I insolation on collector W/m?
s specific heat at constant  J/kg °C aperture
pressure I beam insolation W/m?
Gr,  Grashof number I diffuse insolation W/m?*
(gB/L> AT)/v? k thermal conductivity W/m °C
Gry  Grashof number L spacing between m
(gBH? AT)/v? enclosure walls or
g gravitational characteristic length as
acceleration m/sec? defined in text

H enclosure height m { doorway height m
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m mass flow rate kg/sec T; mean fluid temperature  °C
Nu, Nusselt number A H/k (Tia + T,,0/2
Nu, Nusselt number A L/k Tx average receiver °C
Pr Prandtl number, ¢, u/k temperature
PWR  Giigenant/Troce T, surface temperature °C
q. rate of heat transfer by W/m? AT  surface temperature
convection e difference
d, rate of useful heat AT bulk fluid temperature
transfer W/m? difference
R thermal resistance m?°‘C/wW U total thermal loss W/m? °C
Re;, film Reynolds number coeflicient based on A4,
Vo/v V velocity m/sec
Ra,, Rayleigh number W enclosure width m
gBH? AT/vax w doorway width m
Ra}, flux modified Rayleigh X distance from leading m
number g8H ‘g vak edge or coordinate
Re, Reymolds number VLp/u y vertical distance or m
T,y ambient temperature ' coordinate
Greek Symbols
a thermal diffusivity m?/sec u viscosity kg/m sec
B coefficient of expansion K™! v u/p m?/sec
J boundary-layer thickness m p density kg/m3
é film thickness 1) collector tilt angle degrees
0 dimensionless Q (T = T)/(Ty—T¢)
temperature,

(Teore = T T o = To)

Subscripts
B bottom wall 0 outlet or outside
C cold T top wall
H hot w wall
i inlet or inside
Superscripts
midpoint = average
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